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Belt and rope drives
The belts and ropes are used to transmit power from one shaft to another by means of pulleys

which rotate at the same speed or at different speeds. The amount of power transmitted depends
upon the following factors :

1. The velocity of the belt.

2. The tension under which the belt is placed on the pulleys.

3. The arc of contact between the belt and the smaller pulley.

4. The conditions under which the belt is used.

Types of Belt Drives

The belt drives are usually classified into the following three groups:

1. Light drives. These are used to transmit small powers at belt speeds upto about 10 m/s as in
agricultural machines and small machine tools.

2. Medium drives. These are used to transmit medium powers at belt speeds over 10 m/s but up
to 22 m/s, as in machine tools.

3. Heavy drives. These are used to transmit large powers at belt speeds above 22 m/s as in
compressors and generators

Types of Belts

Though there are many types of belts used these days, yet the following are important from the
subject point of view:

1. Flat belt. The flat belt as shown in Fig. (a), is mostly used in the factories and workshops,
where a moderate amount of power is to be transmitted, from one pulley to another when the two

pulleys are not more than 8 metres apart
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Flat belt

(&) Flat belt. {0) V-belt
2. V- belt. The V-belt as shown in Fig.(b), is mostly used in the factories and workshops, where a

great amount of power is to be transmitted, from one pulley to another, when the two pulleys are

very near to each other.



3. Circular belt or rope. The circular belt or rope as shown in Fig. (c¢) is mostly used in the
factories and workshops, where a great amount of power is to be transmitted, from one pulley to

another, when the two pulleys are more than 8 metres apart.

Types of Flat Belt Drives

The power from one pulley to another may be transmitted by any of the following types of belt drives.
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An open belt drive is used to rotate the driven pulley in the same direction of driving pulley. In
the motion of belt drive, power transmission results make one side of pulley more tightened
compared to the other side. In horizontal drives, tightened side is always kept on the lower side
of two pulleys because the sag of the upper side slightly increases the angle of folding of the belt
on the two pulleys.

A crossed belt drive is used to rotate driven pulley in the opposite direction of driving pulley.
Higher the value of wrap enables more power can be transmitted than an open belt drive.
However, bending and wear of the belt are important concerns.
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A compound belt drive, is used when power is transmitted from one shaft to another through a
number of pulleys.

Slip of the Belt

In the previous articles we have discussed the motion of belts and pulleys assuming a firm
frictional grip between the belts and the pulleys. But sometimes, the frictional grip becomes
insufficient. This may cause some forward motion of the driver without carrying the belt with it.
This is called slip of the belt and is generally expressed as a percentage
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Creep of Belt

When the belt passes from the slack side to the tight side, a certain portion of the belt extends
and it contracts again when the belt passes from the tight side to the slack side. Due to these
changes of length, there is a relative motion between the belt and the pulley surfaces. This
relative motion is termed as creep.
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o, and 0, = Stress in the belt on the tight and slack side respectively, and
E = Young's modulus for the material of the belt.

Selection of a Belt Drive

Following are the various important factors upon which the selection of a belt drive depends:
1. Speed of the driving and driven shafts, 2. Speed reduction ratio,

3. Power to be transmitted, 4. Centre distance between the shafts,

5. Positive drive requirements, 6. Shafts layout,

7. Space available,



Design of flat belt

Length of an Open Belt Drive
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Power Transmitted by a Belt

The driving pulley (or driver) 4 and the driven pulley (or follower) B. As already discussed, the
driving pulley pulls the belt from one side and delivers it to the other side. It is thus obvious that
the tension on the former side (i.e. tight side) will be greater than the latter side
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Let I, and T, = Tensions in the tight side and slack side of the belt respectively in
newtons,
r, and r, = Radii of the driving and driven pulleys respectively in metres,
and v = Velocity of the belt in m/s.

The effective turming (driving) force at the circumference of the driven pulley or follower is the
difference between the two tensions (i.e. I, — T,).

. Work done per second = (I, — I) v N-m/s
and power transmitted = (I, - T,) v W (v 1 Nmfs = 1W)

Ratio of Driving Tensions for Flat Belt Drive

23 log {i—l) — 10
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Centrifugal Tension

Since the belt continuously runs over the pulleys, therefore, some centrifugal force is caused, whose effect
is to increase the tension on both the tight as well as the slack sides. The tension caused by centrifugal force is called

centrifugal tension.
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Maximum Tension in the Belt

Let 6 = Maximum safe stress, b = Width of the belt, and
t = Thickness of the belt.
We know that the maximum tension in the belt,7’ _'E;%

= Maximum stress x Cross-sectional area of belt = ¢.b.1
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When centrifugal tension is neglected, then Ry~ / 7

T (or T)) = T}, i.e. Tension in the tight side of the belt. riiiis f:?{

When centrifugal tension is considered, then 7 (or 7,) = 77 + \‘(2}"\4“‘% """i'if”“"“d
T pulley
Condition for the Transmission of Maximum Power

T-31.=0 or T=3I_ e (e mA?r=T7)
It shows that when the power transmitted is maximum, 1/3rd of the maximum tension is
absorbed as centrifugal tension.

i. Arc of contact

Open belt drive 8 = 180° — £~ gge

Cross belt drive & = 18B0° + U':--‘) 60°

DESIGN PROCEDURE

From the given conditions like power, type of working conditions, diameters of pulleys, speed
ratio etc, determine maximum power
1.Design power = rated power x service factor x arc of contact factor

Select service factor based on nature of load and applications from PSG data book
2.Decide the type of belt
3.Then calculate the belt rating
4.Find the reqired width by design power by belt capacity and adopt the standard available
5.Determine the length of belt based on type of drive and reduce certain amount length
6.Find out the pulley dimension and draw the arrangement of belt drive.



V BELTS

V-belt is mostly used in factories and workshops where a great amount of power is to be
transmitted from one pulley to another when the two pulleys are very near to each other. The V-
belts are made of fabric and cords moulded in rubber and covered with fabric and rubber

Ratio of Driving Tensions for V-belt

Let R, = Normal reactions between belts and sides of the groove.
R = Total reaction in the plane of the groove.

p = Coefficient of friction between the belt and sides of the
groove.

Resolving the reactions vertically to the groove, we have
R=Rsin B+ R;sin 3= 2R, sin “ 7
Rope Drives \‘(E—H“H V-grooved
The rope drives are widely used where a large amount of power is pulley

to be transmitted, from one
pulley to another, over a considerable distance. It may be noted that the use of flat belts is limited

for the transmission of moderate power from one pulley to another when the two pulleys are not
more than 8 metres apart. If large amounts of power are to be transmitted, by the flat belt, then it
would result in excessive belt cross-section.The ropes drives use the following two types of
ropes :

1. Fibre ropes, and 2. Wire ropes.

Fibre Ropes

The ropes for transmitting power are usually made from fibrous materials such as hemp, manila
and cotton. Since the hemp and manila fibres are rough, therefore the ropes made from these
fibres are not very flexible and possesses poor mechanical properties. The hemp ropes have less
strength as compared to manila ropes. When the hemp and manila ropes are bent over the sheave,
there is some sliding of the fibres, causing the rope to wear and chafe internally. In order to
minimise this defect, the rope fibres are lubricated with a tar, tallow or graphite.

Ratio of Driving Tensions for Fibre Rope

I
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where w. 8 and B have usual meanings.

Wire Ropes

When a large amount of power is to be transmitted over long distances from one pulley to
another (i.e. when the pulleys are upto 150 metres apart), then wire ropes are used. The wire
ropes are widely used in elevators, mine hoists, cranes, conveyors, hauling devices and
suspension bridges.

Designation of Wire Ropes



The wire ropes are designated by the number of strands and the number of wires in each strand.
For example, a wire rope having six strands and seven wires in each strand is designated by 6 x 7
Designing a Wire Rope

The following procedure may be followed while designing a wire rope.
1. First of all, select a suitable type of rope from Tables 20.6, 20.7, 20.8 and 20.9 for the given
application.

2. Find the design load by assuming a factor of safety 2 to 2.5 times the factor of safety given in
Table.

3. Find the diameter of wire rope (d) by equating the tensile strength of the rope selected to the
design load.

4. Find the diameter of the wire (dw) and area of the rope (A4) from.

5. Find the various stresses (or loads) in the rope.

6. Find the effective stresses (or loads) during normal working, during starting and during
acceleration of the load.

7. Now find the actual factor of safety and compare with the factor of safety given in Table. If
the actual factor of safety is within permissible limits, then the design is safe.
Stresses in Wire Ropes

1. Direct siress due to axial Ioad lified and weight of the rope
Let W = Load lifted,
w = Weight of the rope, and
A = Net cross-sectional area of the rope.
W +w
A
2. Bending stress when the rope winds round the sheave or drum. When a wire rope is wound
over the sheave, then the bending stresses are induced in the wire which is tensile at the top and
compressive at the lower side of the wire. The bending stress induced depends upon many factors
such as construction of rope, size of wire, type of centre and the amount of restraint in the grooves.
The approximate value of the bending stress in the wire as propesed by Eeuleaux, 1s

- Direct stress, o, =

E xd,
o=
' D
and equivalent bending load on the rope,
W, = beA:Erxdk.x.d
D
where E_ = Modulus of elasticity of the wire rope,

d,. = Diameter of the wire,
D = Diameter of the sheave or drum, and
A4 = Net cross-sectional area of the rope.

3. Stresses during starting and stopping. During starting and stopping, the rope and the
supported load are to be accelerated. This induces additional load in the rope which 1s given by

Woaw
W, = = xa (¥ and w are in newton)
and the corresponding siress,
W4+w a
o= X —




Fre

4. Stress due to change in speed. The additional stress due to change in speed may be obtained
in the similar way as discussed above in which the acceleration is given by

a=(w—v)ilt

where (v, —v; } 1s the change in speed in m/s and 7 is the time in seconds.



Design of Pulleys
1. Dimensions of pulley
{#) The diameter of the pulley (D) may be obtained either from velocity ratio consideration or
centrifingal stress consideration. We know that the centrifugal stress induced in the nm of the pulley,

bl
G, = pV

where p = Density of the nm material
= 7200 kg/m? for cast iron
v = Velocity of the im=nDN / 60, D being the diameter of pulley and

N 15 speed of the pulley.

The following are the diameter of pulleys in mm for flat and F-belts.

20,22 25 28, 32 36, 40.45 50, 56,6371, 80. 90, 100, 112_125 140, 160, 180, 200, 224
250, 280, 315, 355, 400. 450, 500, 560, 630, 710. 300, 900, 1000, 1120, 1250, 1400, 1600. 1800,
2000, 2240, 2500. 2800, 3150, 3550. 4000, 5000, 5400.

The first six sizes (20 to 36 mm) are used for F-belts only.

(i) If the width of the belt is known, then width of the pulley or face of the pulley (B 1s taken
25% grearer than the width of belt.

B = 125 b ; where b="Width of belt.
Acr:mdmgtn Indian Standards, IS : 2122 (PartI) — 1973 (Reaffirmed 1990). the width of pulley
The following are the width of flat cast iron and mild steel pulleys in mm :

16,20, 25, 32,40, 50, 63, 71, 80,90, 100, 112, 125, 140, 160, 180, 200, 224, 250, 315, 355,
400, 450. 560, 630.

(iii) The thickmess of the pulley nnm (f) varies from % +2 mm to %* 3 mm for single belt

and T’E%-ﬂ. + 6 mm for double belt. The diameter of the pulley (D) 15 in mm.

2. Dimensions of arms

() The number of arms may be taken as 4 for pulley diameter from 200 mm to 600 mm and &6 for
diameter from 600 mm to 1500 mm.

(ii) The cross-section of the arms is usually elliptical with major axis (g,) equal to twice the
minor axis (b;). The cross-section of the arm is obtained by considering the arm as canfilever ie.
fixed at the hub end and carrying a concentrated load at the rim end. The length of the cantilever is
taken equal to the radms of the pulley. It is fiwther assumed that at any given time, the power is
transmitted from the hub to the im or vice versa, through only half the total number of arms.

Let I = Torque transmitted,

R = Radms of pulley, and
n = Number of arms,
. Tangential load per arm,
i - £ s
Pr =Rxni2 = Rn
Maximum bending moment on the arm at the hub end,

27 g 2T
M = Rxn T om
and section modulus,
Z = 5xb @)

Now using the relation,



0,

O[O, = M/ Z the cross-section of the arms 15

obtained.
(i) The arms are tapered from hub to rim. The taper is usually
1/48 to 1/32.
(i) When the width of the pulley exceeds the diameter of the pulley, then two rows of arms are
provided, as shown in Fig. This is done to avoid heavy amms in one row.
3. Dimensions of hub

(7) The diameter of the hub ( 4, ) in terms of shaft diameter ( ¢ ) may be fixed by the following
relation -

d = 15d+25mm
The diameter of the b should not be greater than 2 4.
(ii} The length of the hub,
T
L = E wd

4
The minimum length of the hub 15 %- B but it should not be more than width of the pulley (B).



Chain Drives

To avoid slipping, steel chains are used. The chains are made up of number of rigid links which
are hinged together by pin joints in order to provide the necessary flexibility for wraping round

the driving and driven wheels. These wheels
have projecting teeth of special profile and
fit into the corresponding recesses in the
links of the chain. The toothed wheels are
known as *sprocket wheels or simply
sprockets. The sprockets and the chain are
thus constrained to move together without
slipping and ensures perfect velocity ratio
Relation Between Pitch and Pitch Circle
Diameter

A chain wrapped round the sprocket is
shown in Fig.. Since the links of the chain
are rigid, therefore pitch of the chain does
not lie on the arc of the pitch circle. The

Hinge Centre

Chain roller

" e

/«ﬂl— Sprocket

pitch length becomes a chord. Consider one pitch length AB of the chain subtending an angle 0 at

the centre of sprocket (or pitch circle),

Let D = Diameter of the pitch circle. and
T = MNumber of teeth on the sprocket.

From Fig_ 212 we find that pitch of the cham,

2]
p=48=24 Gs.i.ﬂ.[

We kmow that 8= %
(360°
p=Dsmn [ﬁ] =Dsmn [
180°
o D =pcosec | —7

(8) (92 (2

180°
T

The sprocket ontside diameter (D), for satisfactory operation is given by

D,=D+084d,



Velocity Ratio of Chain Drives
The velocity ratio of a chain drive 15 given by

—_ N T,
=N &
where N, = Speed of rotation of smaller sprocketin £pm..

N, = Speed of rotation of larger sprocketinrpm .,
I, = Number of teeth on the smaller sprocket. and
T, = Number of teeth on the larger sprocket.

The average velocity of the chain 15 given by

_nDN TIpN
60 60
where D = Pitch circle diameter of the sprocket in metres, and

p = Pitch of the chain in mefres.

These chains are used for transmission of power, when the distance between the centres of shafts is short. These
chains have provision for efficient lubrication. The power transmitting chains

are of the following three types.
1. Block or bush chain. A block or bush chain is shown in Fig.. This type of chain was used in the early stages of

development in the power transmission.

o F= = = = b
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It produces noise when approaching or leaving the teeth of the sprocket because of rubbing between the teeth and
the links. Such type of chains are used to some extent as conveyor chain at small speed.

2. Bush roller chain. A bush roller chain as shown in Fig. 21.7, consists of outer plates or pin link plates, inner
plates or roller link plates, pins, bushes and rollers. A pin passes through the bush which is secured in the holes of
the roller between the two sides of the chain. The rollers are free to rotate on the bush which protect the sprocket
wheel teeth against wear. The pins, bushes and rollers are made of alloy steel.
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Factor of Safety for Chain Drives

The factor of safety for chain drives is defined as the ratio of the breaking strength (WB ) of the
chain to the total load on the driving side of the chain ( ). Mathematically,



;
Factor of safery = %

The breaking strength of the chain may be obtained by the following empirical relations, f.e.
¥, = 106 p* (i newtons) for roller chains
= 106 p (in newtons) per mm width of chain for silent chains.

We know that the tangential driving force acting on the chain,

Power transmitted {in watts) P

F. = e == (i y
¥ Speed of chain inm/s v Snzewins)
Centrifugal tension in the chain,

F. = m? {in newtons)
| tengion in the chain due to sagging,
F, = kmg.x (in newtons)



Length of Chain and Centre Distance

- Larger sprocket
B

= i

| f/ l "\.L II'/ | \
= = IHI =

1
W/ U =
=
smaller spmcket—I/ =

__+__'FE;T___ il

T, = Number of teeth on the smaller sprocket,

T, = Number of teeth on the larger sprocket,
p = Pitch of the chain, and
x = Centre distance.

The length of the chain (L) must be equal to the product of the number of chain links (K) and the
pitch of the chain ( p). Mathematically.

L=Kp
The number of chain links may be obtained from the following expression. i e.
4L 2x |E-4Z| p
eyt e [ 2n ] x
The value of K as obtained from the above expression must be approximated to the nearest even
number

Let

The centre distance is given by

L+5% L+LY (L-1Y
N oEe
Power Transmitted by Chains

L he power transmitied DY the cham On the basis of breaking load 15 g1ven by
W xv
7 x K (1n watts)
W, = Breaking load in newtons,
v = Velocity of chain in m/s
n = Factor of safety, and
K, = Service factor =K, K, K,
The power transmitted by the chain on the basis of bearing stress is given by
G, XAxvy
= __Ks.

P =

where



The service factor (K,) 15 the product of various factors, such as load factor (X)), lubrication
factor (K,) and rating factor (K). The values of these factors are taken as follows:

1. Load factor (X)) = 1, for constant load
=1.25. for variable load with mild shock
=15, for heavy shock loads
2. Lubrication factor (£,)= 0.8, for continuous lubrication
= 1. for drop lubrication
= 1.5, for penodic lubnication
3. Rating factor (K,) = 1. for 8§ hours per day
=1.25, for 16 hours per day
= 1.5, for continuous service

Principal Dimensions of Tooth Profile
1. Tooth flank radins (r,)

= 0.008 d, (T* + 180) . {Maxinmm)
=012 d, (T +2) . (Mmoo
where d; = Roller diameter, and

T = Number of teeth.
2. Roller seating radius (1)

= 0.505 d, + 0.069 3fd; ...{Maxinmm)
= 0505 d, - (Miindomin)
3. Foller seating angle (o ) _
= 1407 — 9?. .{Maxinmnum)
a0
= 1207 - T (Mmoo}
4. Tooth height above the pitch polygon (h_}
08
—0.625p - 05d,+ ?p e
=053(p—d) - (Mininmmy
5. Pitch circle diameter (DY)
- —say = oo ()
sin |
6. Top diameter (D)
=D+125p—d,
—vVIaxuann )
1.6
=”_P[1 == ?) =
o (vIrmimizn)

7. Root diameter {D;;
=D -2,

8. Tooth width (B,)
=093 5, when p < 12 .7 mm
=095 5, when p = 12.7 mm



Design Procedure of Chain Drive

The chain drive is designed as discussed below:

e Gl el

w

10.
11.

First of all, determine the velocity ratio of the chain drive.
Select the minimum numiber of teeth on the smaller sprocket or pinion from Table
Find the number of teeth on the larger sprocket
Determine the design power by using the service factor, such that
Design power = Rated power % Service factor
Choaose the type of chain, number of strands for the design power and cp.m_ of the smaller
sprocket from Table

. Note down the parameters of the chain. such as pitch, roller diameter, minimum width of

roller etc. from Table
Find pitch circle diameters and pitch line velociiy of the smaller sprocket.

. Determine the load (F) on the chain by using the following relation, .e.

_ Rated power

~ Pitch line velocity
Calculate the factor of safety by dividing the breaking load (#7}) to the load on the chain
{ W). This value of factor of safety should be greater than the value given in Table
Fix the centre distance between the sprockets.

Determine the length of the chain




Gear Drives

The slipping of a belt or rope is a common phenomenon, in the transmission of motion or power
between two shafts. The effect of slipping is to reduce the velocity ratio of the system. In
precision machines, in which a definite velocity ratio is of importance (as in watch mechanism),
the only positive drive is by gears or toothed wheels. A gear drive is also provided, when the
distance between the driver and the follower is very small

Classification of Gears

The gears or toothed wheels may be classified as follows :

1. According to the position of axes of the shafts. The axes of the two shafts between which the
motion is to be transmitted, may be (a) Parallel, (b) Intersecting, and (¢) Non-intersecting and
non-parallel.

The two parallel and co-planar shafts connected by the gears is shown in Fig. These gears are
called spur gears and the arrangement is known as spur gearing. These gears have teeth parallel
to the axis of the wheel as shown in Fig. Another name given to the spur gearing is helical
gearing, in which the teeth are inclined to the axis. The single and double helical gears
connecting parallel shafts are shown in Fig. (@) and (b) respectively. The object of the double
helical gear is to balance out the end thrusts that are induced in single helical gears when
transmitting load. The double helical gears are known as herringbone gears. A pair of spur gears
are kinematically equivalent to a pair of cylindrical discs, keyed to a parallel shaft having line
contact. The two non-parallel or intersecting, but coplaner shafts connected by gears is shown in
Fig. (¢). These gears are called bevel gears and the arrangement is known as bevel gearing. The
bevel gears, like spur gears may also have their teeth inclined to the face of the bevel, in
which case they are known as helical bevel gears.
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@) Single helical (&) Double helical () Bevel gear. {d) Spiral gear.

St gear.
The two non-intersecting and non-parallel i.e. non-coplanar shafts connected by gears is shown
in Fig. (d). These gears are called skew bevel gears or spiral gears and the arrangement is
known as skew bevel gearing or spiral gearing. This type of gearing also have a line contact, the
rotation of which about the axes generates the two pitch surfaces known as hyperboloids.

Terms used in Gears

1. Pitch circle. 1t is an imaginary circle which by pure rolling action, would give the same
motion as the actual gear.



2. Pitch circle diagmeter. It 1s the diameter of the pitch circle. The size of the gear is usually
specified by the pitch circle diameter. It 15 also called as pirch digmerer.

3. Pitch point. It is a3 common point of contact between two piich circles.

4. Pirch surface. It is the surface of the rolling discs which the meshing gears have replaced at
the pitch circle.

5. Pressure angle or angle of obliguity. It is the angle between the common normal to Two gear
teeth at the point of contact and the common tangent at the pitch point. It 15 usually denoted by ¢ The
standard pressure angles are 14%-° and 20°.

6. Addendum. It is the radial distance of a tooth from the pitch circle to the top of the tooth.

7. Dedendum . It is the radial distance of a tooth from the pitch circle to the bottom of the tooth.

8. dddendum circle. It 1s the circle drawn through the top of the teeth and 1s conceamc with the
pitch circle.

9. Dedendnm circle. It 1s the circle drawn through the bottom of the teeth It 1s also called roor
circle.

Note : Root circle diameter = Pitch circle diameter * cos &, where ¢ is the pressure angle.

10. Circular pitch. It is the distance measured on the circumference of the pitch circle from
a point of one tooth to the corresponding point on the next tooth It is usually denoted by p_
Mathematically,

Circular pitch.,  p_ = DIT
where D = Dnameter of the pitch circle, and
I = Number of teeth on the wheel.
A Iittle consideration will show that the two gears will mesh together correctly. if the two wheels
have the same circular pitch.
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11. Diametral pitch. It 1s the ratio of number of teeth to the pitch circle diameter in millimetres.
It denoted by p . Mathematically,

) ) I = . ool bt
Diametral pitch, p, = D o ( s =
where T = Number of teeth, and

D = Pitch circle diameter.

12. Module. It 15 the ratio of the pitch circle diameter in millimetres to the number of teeth Itis
usually denoted by m. Mathematically,

Module,. m =D/ T

Note : The recommended series of modules in Indian Standard are 1, 1.25, 1.5, 2. 25,3, 4,5, 6.8, 10, 12,16,
20, 25, 32_ 40 and 50.

The modules 1. 125, 1375, 1.75, 225,275, 35, 4555, 7.9 11, 14, I8, 22 28 36 and 45 are of second
choice.

13. Clearance. It 1s the radial distance from the top of the tooth to the bottom of the tooth, ina
meshing gear. A circle passing through the top of the meshing gear is known as clearance circle.

14. Toral depth. It is the radial distance between the addendum and the dedendum circle of a
gear. It 15 equal to the sum of the addendum and dedendum-

15. Working depih. It 1s radial distance from the addendum circle to the clearance circle. Itis
equal to the sum of the addendum of the two meshing gears.

16. Tooth thickmness. It is the width of the tooth measured along the pitch circle.

17. Teoth space. It is the width of space between the two adjacent teeth measured along the
pitch circle.

18. Backlash. It is the difference between the tooth space and the tooth thickness. as measured
on the pitch circle.

Dynamic Tooth Load

In the previous article, the velocity factor was used to make approximate allowance for the effect of dynamic
loading. The dynamic loads are due to the following reasons :

1. Inaccuracies of tooth spacing,

2. Irregularities in tooth profiles, and

3. Deflections of teeth under load



A closer approximation to the actual conditions may be made by the use of equations based on
extensive series of tests, as follows :

Wp = W+ W
where W, = Total dynamic load,

W, = Steady load due to transmitted torque, and
W = Increment load due to dynamic action.
The increment load (W) depends upon the pitch line velocity. the face width, matenal of the
gears. the accuracy of cut and the tangential load. For average conditions, the dynamic load is
determined by using the following Buckingham equation, i.e.
21v (8.C + F:)

21v + ,[bC + W,
= Total dynamic load in newtons,

W, =Wy + Wy =Wy +

)

where W’D

W. = Steady transmitted load in newtons,
v = Pitch line velocity in m/s,
b = Facewidth of gears in mm_ and
C = A deformation or dynamic factor in N/mm_

Static Tooth Load

The static fooith load (also called beam strengith ot endurance sirength of the tooth) 1s obtained
by Lewis formula by substituting flexural endurance hmit or elastic limit stress (o,) in place of
permissible working stress (@, ).

*. Static tooth load or beam strength of the tooth,
FF:E_ =o bpy=oc brmy
Wear Tooth Load
The maximum load that gear teeth can carry, without prematare wear, depends upon the radii of
curvature of the tooth profiles and on the elasticity and surface fatigue limits of the matenials. The
maximum or the imiting load for satisfactory wear of gear teeth, 15 obtained by using the following
Buckingham equation, i.e.
W, =D,bOK
where W, = Maximum or limiting load for wear in newtons,
D, = Pitch circle diameter of the pinion in mm._
b = Face width of the pinion in mm_
¢ = Ratio factor
2xVR _ 21g
FR+1 To+Te
2xVR _ 215 )
~ TR -1 7T for internal gears.
VR = Velocityratio=T7_/ T,
K = Load-stress factor (also known as material combination factor) m
Mfmm2

- for external gears

The load stress factor depends upon the maximum fatigue limit of compressive siress, the pressure
angle and the modulus of elasticity of the materials of the gears. Accordmg to Buckingham, the load
stress factor 1s given by the following relation -

r_ GeXsmer1 1
1.4 Ep Eg
where o_ = Surface endurance limit in MPa or N/oum?>,

=
¢ = Pressure angle.

E, = Young's modulus for the material of the pinion in N/mm?, and
E. = Young's modulus for the material of the gear in N/mm~.

Gear Tooth Failure The different modes of failure of gear teeth and their possible remedies to

avoid the failure, are as follows :



1. Bending failure. Every gear tooth acts as a cantilever. If the total repetitive dynamic load
acting on the gear tooth is greater than the beam strength of the gear tooth, then the gear tooth
will fail in bending, i.e. the gear tooth will break. In order to avoid such failure, the module and
face width of the gear is adjusted so that the beam strength is greater than the dynamic load.
2. Pitting. It is the surface fatigue failure which occurs due to many repetition of Hertz contact
stresses. The failure occurs when the surface contact stresses are higher than the endurance limit
of the material. The failure starts with the formation of pits which continue to grow resulting in
the rupture of the tooth surface. In order to avoid the pitting, the dynamic load between the gear
tooth should be less than the wear strength of the gear tooth.

3. Scoring. The excessive heat is generated when there is an excessive surface pressure, high
speed or supply of lubricant fails. It is a stick-slip phenomenon in which alternate shearing and
welding takes place rapidly at high spots. This type of failure can be avoided by properly
designing the parameters such as speed, pressure and proper flow of the lubricant, so that the
temperature at the rubbing faces is within the permissible limits.

4. Abrasive wear. The foreign particles in the lubricants such as dirt, dust or burr enter between
the tooth and damage the form of tooth. This type of failure can be avoided by providing filters
for the lubricating oil or by using high viscosity lubricant oil which enables the formation of
thicker oil film and hence permits easy passage of such particles without damaging the gear
surface.

5. Corrosive wear. The corrosion of the tooth surfaces is mainly caused due to the presence of
corrosive elements such as additives present in the lubricating oils. In order to avoid this type of

wear, proper anti-corrosive additives should be used.



Design Procedure for Spur Gears
1. First of all, the design tangental tooth load 1s obtained from the power transmitted and the
pitch line velocity by using the following relation :

P
W, = 7): Ce 1)
where W, = Permissible tangential tooth load in newtons,
P = Power transmitted in watts,
nDN

*y = Pitch line velocityinm /5 = 50

D = Pitch circle diameter in metres.

1. Apply the Lewis equation as follows -
W,.=0c bp y=0 _brmy
=(o,.C)brmy
(i) The product (o = 1) is called strength factor of the gear
(v) The face width (b) may be taken as 3 p_ to 4 p_(or 9.5 m to 12.5 m) for cut teethand 2 p_to 3 p,

(o 6.5 m to 9.5 m) for cast teeth.
3. Calculate the dynamic load (W) on the tooth by using Buckingham equation, 7.e.

WD = Wr"’ FFI
2lv (BC + )

21v +4fb.C + Py
In calculating the dynamic load (W), the value of tangential load (W) may be calculated by

neglecting the service factor (Co) i.e.
W =P/v.where Pisinwatts and vinm / s.

4. Find the static tooth load (7.e. beam strength or the endurance strength of the tooth) by using
the relation.

S i et R

W, =a bp y=a bnmy
For safety against breakage, W, should be greater than W,
5. Finally, find the wear tooth load by using the relation,
W, =D,bOK
The wear load (W ) should not be less than the dynamic load (W)



A helical gear has teeth in form of helix around the gear. Two such gears may be used to connect two parallel
shafts in place of spur gears. The helixes may be right handed on one gear and left handed on the other

Terms used in Helical Gears

1. Helix angle. 1t is a constant angle made by the helices with the axis of rotation.

2. Axial pitch. 1t is the distance, parallel to the axis, between similar faces of adjacent teeth. It is
the same as circular pitch and is therefore denoted by pc. The axial pitch may also be defined as
the circular pitch in the plane of rotation or the diametral plane.

3. Normal pitch. 1t is the distance between similar faces of adjacent teeth along a helix on the
pitch cylinders normal to the teeth. It is denoted by pN. The normal pitch may also be defined as
the circular pitch in the normal plane which is a plane perpendicular to the teeth. Mathematically,
normal pitch, pN = pc cos a

Proportions for Helical Gears

Though the proportions for helical gears are not standardised, yet the following are recommended
by American Gear Manufacturer's Association (AGMA).

Pressure angle m the plane of rotation,
& = 15° to 25°

Helix angle, o = 20" to 45°
Addendum = 0.8 m (Maximum)
Dedendum = 1 m (Minimum)
Miniroum total depth =18m

Minimum clearance =02m

Thickness of tooth =15708 m
Strength of Helical Gears

In helical gears, the contact between mating teeth is gradual, starting at one end and moving
along the teeth so that at any instant the line of contact runs diagonally across the teeth. Therefore in
order to find the strength of helical gears, a modified Lewis equation 1s used. It is given by

Wr=(o,*xClbmmy’
where W, = Tangential tooth load,
o, = Allowable static stress,
C = Velocity factor,
b = Facewidth,
m = Module, and

¥" = Tooth form factor or Lewis factor comresponding to the formative
or virtual or equivalent number of teeth.



Bevel Gears

The bevel gears are used for transmitting power at a constant velocity ratio between two shafts
whose axes
intersect at a certain angle.

Classification of Bevel Gears

The bevel gears may be classified into the following types, depending upon the angles between
the shafts and the pitch surfaces.

1. Mitre gears. When equal bevel gears (having equal teeth and equal pitch angles) connect two
shafts whose axes intersect at right angle, as shown in Fig. 30.2 (a), then they are known as mitre

gears.
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(@} Mitre gears. (B) Crown bevel gear.
2. Angular bevel gears. When the bevel gears connect two shafts whose axes intersect at an
angle other than a right angle, then they are known as angular bevel gears.
3. Crown bevel gears. When the bevel gears connect two shafts whose axes intersect at an angle
greater than a right angle and one of the bevel gears has a pitch angle of 90°, then it is known as a
crown gear. The crown gear corresponds to a rack in spur gearing

4. Internal bevel gears. When the teeth on the bevel gear are cut on the inside of the pitch cone,

then they are known as internal bevel gears.

Terms used in Bevel Gears
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1, Pitch cone. It is a cone confaiming the pitch elements of the teeth.

2. Cone cenire. It 1s the apex of the pitch cone It may be defined as that point where the axes of
two manng gears intersect each other.

3. Pitch angle. It is the angle made by the pitch line with the axis of the shaft Itis denoted by "8,
4, Cone distance. It is the length of the pitch cone element. It 15 also called as a pitch cone
radins. It 1s denoted by "OF". Mathematically, cone distance or pitch cone radius,
Pitch radius _ D, /2 D /2
G_P LAL] — = — e
sin By sin By,  sin Bp,
5. Addendum angle. It is the angle subtended by the addendum of the tooth at ‘the cone centre,
It is denoted by "o’ Mathematically, addendum angle,

L
oP

where a = Addendum, and OF = Cone distance.

6. Dedendum angle. It is the angle subtended by the dedendum of the tooth at the cone centre.
It is denoted by “B°. Mathematically, dedendum angle.

a
=g
B = tan [OP]
where d = Dedendum. and OP = Cone distance.

7. Face angle. It is the angle subtended by the face of the tooth at the cone centre Tt is denoted
by “§°. The face angle 15 equal to the pitch angle plis addendum angle.

8. Root angle. It 1s the angle subtended by the root of the tooth at the cone centre. It 1s denoted
by “8g . It is equal to the pitch angle minus dedendum angle.

0. Back {or mermal) cone. It 1s an imaginary cone, perpendicular to the pitch cone at the end of
the tooth.

10. Back cone distance. It is the length of the back cone. It 1s denoted by "R It is also called
back cone radius.

11. Backing. It 15 the distance of the pitch point (P) from the back of the boss, parallel to the
pitch point of the gear. It is denoted by “B°.

12. Crown height. It is the distance of the crown point (C) from the cone centre (), parallel to
the axis of the gear. It 1s denoted by "H.".

13. Mounting height. It 15 the distance of the back of the boss from the cone centre. It 1s
denoted by "H,,"-

14. Pirch diameter. It is the diameter of the largest pitch circle.

15. Ontside or addendum cone diameter. It is the maximum diameter of the teeth of the gear.

It is equal to the diameter of the blank from which the gear can be cut. Mathematically, outside
diameter,

D,=D,+2acos8,
where D, = Piich circle diameter,
a = Addendum_and
B, = Pitch angle.

16. Inside or dedendum cone dinmeter. The inside or the dedendum cone diameter is given by
D,=Dy—2dcos 8,
where D, = Inside diameter, and



Proportions for Bevel Gear

The proportions for the bevel gears may be taken as follows :
1. Addendum, a =1 m

2. Dedendum,d=12m

3. Clearance = 0.2 m

4. Working depth =2 m

5.Thickness of tooth=1.5708 m

Strength of Bevel Gears
The strength of a bevel gear tooth 15 obtained in a similar way as discussed in the previous
articles. The modified form of the Lewis equation for the tangential tooth load 15 given as follows:

L-b
W.=(g,xClbmmy’ [T]
where a, = Allowable static stress,
C, = Velocity factor,

3
= e for teeth cut by form cutters,
+¥

6 =72 ;
= for teeth generated with precision machines,

6+v’

v = Peripheral speed inm [ 5,

b = Face width,

m = Module,

¥' = Tooth form factor {or Lewis factor) for the equivalent number of
teeth,

s
I

Slant height of pitch cone (or cone distance),

() (%)




Design of a Shaft for Bevel Gears
In designing a pinion shaft, the following procedure may be adopted :
1. First of all, find the torque acting on the pinion_ It is given by
. P =60 -
RN, e
where P = Power transmitted m watts, and
N, = Speed of the pmion intp.m.
2. Find the tangential force (W.) acting at the mean radms (R ) of the pinion. We kmow that
W,=T/R_
3. Now find the axial and radial forces (i.e. Wy, and W) acting on the pinmon shaft as
discussed above,
4. Find resultant bending moment on the pinion shaft as follows -
The bending moment due to W, and W,.1s given by
M, = W, % Overhang — W__ xR
and bending moment due to W_.,
M, = W, x Overhang

. Resultant bending moment,

M= (6) + )
5. Since the shaft 1s subjected to twisting moment (I ) and resultant bending moment (M),
therefore equivalent twisting moment,

=M +1?

6. Now the diameter of the pinion shaft may be obtained by using the torsion eguation. We
Inow that

n
L=~ eley
where d, = Diameter of the pinion shaft, and

r = Shear stress for the matenial of the pinion shaft.
7. The same procedure may be adopted to find the diameter of the gear shaft.






Worm Gears

The worm gears are widely used for transmitting power at high velocity ratios between non-
intersecting shafts that are generally, but not necessarily, at right angles. It can give velocity
ratios as high as 300 : 1 or more in a single step in a minimum of space, but it has a lower
efficiency. The worm gearing is mostly used as a speed reducer, which consists of worm and a
worm wheel or gear. The worm (which is the driving member) is usually of a cylindrical form
having threads of the same shape as that of an involute rack. The threads of the worm may be left
handed or right handed and single or multiple threads. The worm wheel or gear (which is the
driven member) is similar to a helical gear with a face curved to conform to the shape of the
worm.

Types of Worms

The following are the two types of worms :
1. Cylindrical or straight worm, and
2. Cone or double enveloping worm.
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() Cylindrical or straight worm. () Cone or double enveloping worm,

The cylindrical or straight worm, as shown in Fig.(a), is most commonly used. The shape of the thread is involute
helicoid of pressure angle 14 4° for single and double threaded worms and 20° for triple and quadruple threaded
worms. The worm threads are cut by a straight sided milling cutter having its diameter not less than the outside
diameter of worm or greater than 1.25 times the outside diameter of worm. The cone or double enveloping worm, as
shown in Fig. (b), is used to some extent, but it requires extremely accurate alignment

Terms used in Worm Gearing
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1. Axial pitch. It 15 also known as linear pitch of a worm. It 1s the distance measured axially
(i.e. parallel to the axis of worm) from a point on one thread to the corresponding point on the
adjacent thread on the worm, as shown in Fig. 31.3. It may be noted that the axial pitch (p ) of a worm
15 equal to the circular pitch ( p_) of the mating worm gear, when the shafts are at night angles.

1. Lead, It 1s the linear distance through which a point on a thread moves ahead in one
revolution of the worm. For single start threads, lead is equal to the axial pitch, but for multiple start
threads, lead is equal to the product of axial pitch and number of starts. Mathematically,

Lead, l=p_ .n
where p, = Axial pitch ; and n = Number of starts.
3. Lead angle. It 15 the angle between the tangent to the thread helix on the pitch cylinder and
the plane normal to the axis of the worm. It 15 denoted by A

A little consideration will show that if one complete e
tum of a worm thread be imagined to be unwound from f"—'ﬂ-# L "-1 I=p,n
the body of the worm. 1t will form an inclined plane whose @ _—T3,
base 1s equal to the pitch circumference of the worm and [ Dy >

Strength of Worm Gear Teeth

In finding the tooth size and strength_ it 1s safe to assume that the teeth of worm gear are always
weaker than the threads of the worm. In worm gearing, two or more teeth are usually in contact, but
due to uncertainty of load distribution among themselves it is assumed that the load 1s transmitted by
one tooth only. We know that according to Lewis equation,

W.=(o,.C)bam.y
where W = Permissible tangential tooth load or beam strength of gear tooth,
G, = Allowable static stress,
€, = Velocity factor,
b = Facewidth,
m = Medule, and
1 = Tooth form factor or Lewtis factor

Wear Tooth Load for Worm Gear
The limiting or maximum load for wear (WW) is given by
Ww=DG.b.K



Design of Worm Gearing T P

In designing a worm and worm gear, the quantities ) ' \\\M_ Worm gear
like the power transmitted, speed, velocity Dy l.’r f"J“‘ 1
ratio and the centre distance between the shafts are i N i & - e V& T
usually given and the quantities such as lead \ T
angle, lead and number of threads on the worm are i M : A 1
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The centre distance may be expressed m terms of the axial lead (), lead angle () and velocity
ratio (FR.), as follows :

I :
e ﬁ{cot}.+l'rﬂ_}

In terms of normal lead (I, =/ cos A), the above expression may be written as -

i[ 1 +Vﬂ.]
IT=2xglsind cosh

i__l{ 1, m.]
o he 2m\sind cosh ~(0)

Since the velocity ratio (V.R.) is usually given, therefore
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Chapter 2
BEARINGS



BEARINGS

A bearing is a machine element which support another moving machine element (known as
journal). It permits a relative motion between the contact surfaces of the members, while
carrying the load

Classification of Bearing

Depending upon the direction of load to be supported

In radial bearings, the load acts perpendicular to the direction of motion of the moving element
as shown in Fig (a) and (b).

In thrust bearings, the load acts along the axis of rotation as shown in Fig (¢).
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(e) Radial bearing. {5 Radial bearing. {c) Thrust bearing.

Depending upon the nature of contact. The bearings under this group are classified as :

(a) Sliding contact bearings, and (b) Rolling contact bearings.
In sliding contact bearings, as shown in Fig. (a), the sliding takes place along the surfaces of
contact between the moving element and the fixed element. The sliding contact bearings are also
known as plain bearings
In rolling contact bearings, as shown in Fig. (), the steel balls or rollers, are interposed between
the moving and fixed elements. The balls offer rolling friction at two points for each ball or roller

F11=E:| element Fixed element Balls or rollers
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(a) Sliding contact bearing. (#) Rolling contact bearings.

Types of Sliding Contact Bearings
The sliding contact bearings in which the sliding action is guided in a straight line and carrying
radial loads,



Bearmg
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{a) Full journal bearing. {B) Partial journal bearing. i} Fitted journal bearing.

The sliding contact bearings in which the sliding action is along the circumference of a circle or
an arc of a circle and carrying radial loads are known as journal or sleeve bearings. When the
angle of contact of the bearing with the journal is 360° as shown in Fig.(a), then the bearing is
called a full journal bearing. This type of bearing is commonly used in industrial machinery to
accommodate bearing loads in any radial direction.

When the angle of contact of the bearing with the journal is 120°, as shown in Fig. (), then the
bearing is said to be partial journal bearing. This type of bearing has less friction than ful
journal bearing, but it can be used only where the load is always in one direction. The most
common application of the partial journal bearings is found in rail road car axles. The full and
partial journal bearings may be called as clearance bearings because the diameter of the journal
is less than that of bearing.

When a partial journal bearing has no clearance i.e. the diameters of the journal and bearing are
equal, then the bearing is called a fitted bearing, as shown in Fig. (c)

The sliding contact bearings, according to the thickness of layer of the lubricant between the
bearing and the journal, may also be classified as follows :

1. Thick film bearings. The thick film bearings are those in which the working surfaces are
completely separated from each other by the lubricant. Such type of bearings are also called as
hydrodynamic lubricated bearings.

2. Thin film bearings. The thin film bearings are those in which, although lubricant is present,
the working surfaces partially contact each other atleast part of the time. Such type of bearings
are also called boundary lubricated bearings.

3. Zero film bearings. The zero film bearings are those which operate without any lubricant
present.

4. Hydrostatic or externally pressurized lubricated bearings. The hydrostatic bearings are those
which can support steady loads without any relative motion between the journal and the bearing.
This is achieved by forcing externally pressurized lubricant between the members
Hydrodynamic Lubricated Bearings

Hydrodynamic lubricated bearings, there is a thick film of lubricant between the journal and the
bearing. A little consideration will show that when the bearing is supplied with sufficient
lubricant, a pressure is build up in the clearance space when the journal is rotating about an axis
that is eccentric with the bearing axis. The load can be supported by this fluid pressure without
any actual contact between the journal and bearing. The load carrying ability of a hydrodynamic
bearing arises simply because a viscous fluid resists being pushed around. Under the proper
conditions, this resistance to motion will develop a pressure distribution in the lubricant film that



can support a useful load. The load supporting pressure in hydrodynamic bearings arises from
either

1. the flow of a viscous fluid in a converging channel (known as wedge film lubrication),

2. the resistance of a viscous fluid to being squeezed out from between approaching

surfaces(known as squeeze film lubrication).

Assumptions in Hydrodynamic Lubricated Bearings
The following are the basic assumptions used in the theory of hydrodynamic lubricated
bearings:
1. The lubricant obeys Newton's law of viscous flow.
2. The pressure is assumed to be constant throughout the film thickness.
3. The lubricant is assumed to be incompressible.
4. The viscosity is assumed to be constant throughout the film.
5. The flow is one dimensional, i.e. the side leakage is neglected.
Wedge Film Journal Bearings
The load carrying ability of a wedge-film journal bearing results when the journal and/or the
bearing rotates relative to the load. The most common case is that of a steady load, a fixed
(nonrotating) bearing and a rotating journal. Fig. (a) shows a journal at rest with metal to metal
contact at 4 on the line of action of the supported load. When the journal rotates slowly in the
anticlockwise direction, as shown in Fig. (), the point of contact will move to B, so that the
angle AOB is the angle of sliding friction of the surfaces in contact at B.
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When the speed of the journal is increased, a continuous fluid film is established as in Fig.(c).
The centre of the journal has moved so that the minimum film thickness is at C. It may be noted
that from D to C in the direction of motion, the film is continually narrowing and hence is a
converging film.

Squeeze Film Journal Bearing

We have seen in the previous article that in a wedge film journal bearing, the bearing carries a
steady load and the journal rotates relative to the bearing. But in certain cases, the bearings
oscillate or rotate so slowly that the wedge film cannot provide a satisfactory film thickness. If
the load is uniform or varying in magnitude while acting in a constant direction, this becomes a
thin film or possibly a zero film problem. But if the load reverses its direction, the squeeze film
may develop sufficient capacity to carry the dynamic loads without contact between the journal
and the bearing. Such bearings are known as squeeze film journal bearing.

Modes of Lubrications



The lubricants are used in bearings to reduce friction between the rubbing surfaces and to carry
away the heat generated by friction. It also protects the bearing against corrosion. All lubricants
are classified into the following three groups
1. Liquid, 2. Semi-liquid, and 3. Solid.
The liquid lubricants usually used in bearings are mineral oils and synthetic oils. The mineral
oils are most commonly used because of their cheapness and stability. The liquid lubricants are
usually preferred where they may be retained. A grease is a semi-liquid lubricant having higher
viscosity than oils. The greases are employed where slow speed and heavy pressure exist and
where oil drip from the bearing is undesirable. The solid lubricants are useful in reducing
friction where oil films cannot be maintained because of pressures or temperatures. They should
be softer than materials being lubricated. A graphite is the most common of the solid lubricants
either alone or mixed with oil or grease
Properties of Lubricants
1. Viscosity. It is the measure of degree of fluidity of a liquid. It is a physical property by
virtue of which an oil is able to form, retain and offer resistance to shearing a buffer film-
under heat and pressure.

According to Newton's law of viscous flow, the magnitude of this shear stress varies directly
with the velocity gradient (dF / dy). It is assumed that

(@) the lubricani completely fills the space between the two surfaces,
(&) the velocity of the lubricant at each surface 15 same as that of the surface, and
(c) any flow of the lubricant perpendicular to the velocity of the plate 15 negligible.

P 4V dav
r=—= o T=Z x—0
4 av dv
where Z 15 a constant of proportionality and 1s known as abselute viscosity (or simply viscosity) of the

lubricant.
2. Oiliness. It is a joint property of the lubricant and the bearing surfaces in contact. It is a

measure of the lubricating qualities under boundary conditions where base metal to metal
is prevented only by absorbed film. There is no absolute measure of oiliness

3. Viscosity index. The term viscosity index is used to denote the degree of variation of
viscosity
with temperature.

4. Flash point. 1t is the lowest temperature at which an oil gives off sufficient vapour to
support a momentary flash without actually setting fire to the oil when a flame is brought
within 6 mm at the surface of the oil.

5. Fire point. It is the temperature at which an oil gives off sufficient vapour to burn it
continuously when ignited.

6. Pour point or freezing point. It is the temperature at which an oil will cease to flow when
cooled.

7. Density. This property has no relation to lubricating value but is useful in changing the
kinematic viscosity to absolute viscosity. Mathematically
Absolute viscosity = p x Kinematic viscosity (in m*/s)
where p = Density of the lubricating oil.



Reynolds Equation

A theoretical analysis of hydrodynamic lubrication was carried out by Osborne Reynolds. The

equations resulted from the analysis has served a basis for designing hydrodynamically

lubricated bearings. The following assumptions were made by Reynolds in the analysis

Bearing Characteristic Number and Bearing Modulus for Journal Bearings

The coefficient of friction in design of bearings is of great importance, because it affords a

means for determining the loss of power due to bearing friction. It has been shown by

experiments that the coefficient of friction for a full lubricated journal bearing is a function of

three variables, i.e

ZN - B I
(i) ? (i) 'E' and (71T} E
Therefore the coefficient of fricion may be expressed as
ZN d 1
=

where

p = Coefficient of friction,
¢ = A fimctional relationship,
Z = Absolute viscosity of the lubricant, mn kg / m-s,

N = Speed of the journal inrpm_,

p = Bearing pressure on the projected bearing area in N/mm”,
= Load on the journal + [ x 4
d = Diameter of the journal,
I = Length of the bearing, and

¢ = Diametral clearance.

The factor ZN / p is termed as bearing characteristic number and 15 a dimensionless number.
The variation of coefficient of friction with the operating values of bearing charactenistic number

we see that the minimum amount of friction occurs at 4 and at this point the

T.':alu:e of ZN /p is kmown as bearing modulus which is denoted by K. The bearing should not be

operated at this value of beaning modulus, becaunse
a shight decrease in speed or slight increase in
pressure will break the oil film and make the journal
to operate with metal to metal contact. This will
result in high friction, wear and heating. In order
to prevent such conditions. the bearing should be
designed for a value of ZN /p at least three fimes
the muinimum value of bearing modulus (X). If the
bearing 1s subjected to large fluctuations of load
and heavy impacts. the value of ZN /p=15 K may
be used.

From abowe, it is concluded that when the
value of ZN / p 1s greater than K, then the beanng
will operate with thick film lubrication or under
hydrodynanuc conditions.

—Coeff, of friction (u) —=

Coefficient of Friction for Journal Bearings
In order to determine the coefficient of friction for
the following empirical relation established

Thin film or

85

III = »
r lubrication -~
iy A b

boundary lubrication
E (unstable)
Thick film lubrication

(stable)

| Partial P

‘I":

well lubricated full journal bearings,



*Coefficient of friction.
o =£[£](i]+i' (when Z is in kg / m-s and p is in N / mm?)
10° L p )\ B
P, d and ¢ have usual meanings as discussed in previous article, and
& = Factor to correct for end leakage It depends upon the ratio of length
to the diameter of the bearing (i.e. 1 /d).
= 0.002 for ] / d ratios of 0.75 to 2 8.

Critical Pressure of the Journal Bearing

The pressure at which the oil film breaks down so that metal to metal contact begms, is known
as critical pressure or the minimum operating pressure of the bearing. It may be obtained by the
following empirical relation, f.e.

Critical pressure or mininmum operating pressure,

where Z N,

IN  (dY ([ 1 5
- ——| =] |5 | N’ e B el
y 4.?5)(10“[{] [d+f] (whea Zisin kg / m-s)

Sommerfeld Number

The Sommerfeld number 15 also a dimensionless parameter used extensively 1n the design of
journal bearings. Mathematically,

ZN (dY
Sommerfeld number = ? -E*

For design purposes, its value 1s taken as follows :

E[E) =143 x10° ... (when Zisinks /m-s and p 15 in N / mm”)
P C

Heat Generated in a Journal Bearing

The heat generated in a bearing 15 due to the fluid friction and friction of the parts having
relative motion: Mathematically, heat generated in a bearing,

O, = u.W¥ N-m/s or I/s or watts -.{@)
where i = Coefficient of friction,
W = Load on the beanng in M,
Heat dissipated by the bearing,
O, =CA(t,—1)Wsor W e L Ts=1W) (i)
where C = Heat dissipation ceefficient in W/m?/°C,

A = Projected area of the bearing inm?* =/ x d_
1, = Temperatuge of the bearing surface in °C, and
r, = Temperature of the surrounding air i °C.

Design Procedure for Sliding Bearing
The following procedure may be adopted in designing journal bearings, when the bearing load,
the diameter and the speed of the shaft are known. Sliding Contact Bearings ,,

1. Determine the bearing length by choosing a ratio of/ / d from Table from data book.
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Check the bearing pressure, p = W / l.d from Table from data book. for probable
satisfactory value.

Assume a lubricant from Table from data book and its operating temperature (z0). This
temperature should be between 26.5°C and 60°C with 82°C as a maximum for high
temperature installations such as steam turbines.

Determine the operating value of ZN / p for the assumed bearing temperature and check
this value with corresponding values in Table from data book. to determine the possibility
of maintaining fluid film operation.

Assume a clearance ratio ¢ / d from Table from data book..

Determine the coefficient of friction (p) by using the relation as discussed above.
Determine the heat generated by using the relation as discussed above.

Determine the heat dissipated by using the relation as discussed above.

Determine the thermal equilibrium to see that the heat dissipated becomes atleast equal to
the heat generated. In case the heat generated is more than the heat dissipated then either
the bearing is redesigned or it is artificially cooled by water.



Rolling Contact Bearings

In rolling contact bearings, the contact between the bearing surfaces is rolling instead of
sliding as in sliding contact bearings. Due to this low friction offered by rolling contact
bearings, these are called antifriction bearings.

Types of Rolling Contact Bearings

Following are the two types of rolling contact bearings:

1. Ball bearings; and 2. Roller bearings.

Ball Wr

Outer race
Z +?__,/._-- R;.'li'lilml'-—:_xgr/]//;f/‘/u/% ﬁl{/dé?hﬁ “’x_’m
MR R MR MR A
Dy e Y O ___T_z RNRRRARARRY R
Wi .
S K. L. bl mabeao b ool
(a2} Ball bearing, if) Roller bearing. () Radial ball bearing. (b Thrust ball bearing.

The ball and roller bearings consist of an inner race which is mounted on the shaft or journal
and an outer race which is carried by the housing or casing. In between the inner and outer
race, there are balls or rollers as shown in Figure. A number of balls or rollers are used and
these are held at proper distances by retainers so that they do not touch each other. The
retainers are thin strips and is usually in two parts which are assembled after the balls have
been properly spaced. The ball bearings are used for light loads and the roller bearings are
used for heavier loads. The rolling contact bearings, depending upon the load to be carried,
are classified as :

(a) Radial bearings, and (b) Thrust bearings.

The radial and thrust ball bearings are shown in Fig. (@) and (b) respectively. When a ball
bearing supports only a radial load (WR), the plane of rotation of the ball is normal to the
centre line of the bearing, as shown in Fig. (a). The action of thrust load (WA) is to shift the
plane of rotation of the balls, as shown in Fig. (). The radial and thrust loads both may be
carried simultaneously.

Types of Roller Bearings
Following are the principal types of roller bearings :

. Cylindrical roller bearings. A cylindrical roller bearing is shown in Fig.(a). These

bearings have short rollers guided in a cage. These bearings are relatively rigid against radial
motion and have the lowest coefficient of friction of any form of heavy duty rolling-contact
bearings. Such type of bearings are used in high speed service.

2. Spherical roller bearings. A spherical roller bearing is shown in Fig. (b). These bearings are
self-aligning bearings. The self-aligning feature is achieved by grinding one of the races in the

form of sphere. These bearings can normally tolerate angular misalignment in the order of

and when used with a double row of rollers, these can carry thrust loads in either direction.



) Cylindrical roller. (B} Spherical roller. () Needle roller. {d) Tapered roller.

3. Needle roller bearings. A needle roller bearing is shown in Fig. (c). These bearings are
relatively slender and completely fill the space so that neither a cage nor a retainer is needed.
These bearings are used when heavy loads are to be carried with an oscillatory motion, e.g.
piston pin bearings in heavy duty diesel engines, where the reversal of motion tends to keep the
rollers in correct alignment.

4. Tapered roller bearings. A tapered roller bearing is shown in Fig.(d). The rollers and race ways
of these bearings are truncated cones whose elements intersect at a common point. Such type of
bearings can carry both radial and thrust loads. These bearings are available in various
combinations as double row bearings and with different cone angles for use with different
relative magnitudes of radial and thrust loads



SELECTION GUIDELINES

1. For radial ball bearings, the basic static radial load rating (C)) 1s given by
C, =fpiZD cos
where i = Number of rows of balls in any one beanng,

Z = Number of ball per row,

D = Diameter of balls, in mm.

o = Nominal angle of contact i e. the nominal anple between the line of
action of the ball load and a plane perpendicular to the axis of beaning,
and

Jfy = A factor depending upon the type of bearing.

The value of factor ( f; ) for beanings made of hardened steel are taken as follows :
Js =333, for self-aligning ball bearings
= 123, for radial contact and angular contact groove ball beanings.
1. For radial roller beanings, the basic static radial load rating 1s given by
C, =fiZl Dcosa
where i = Number of rows of rollers in the bearing,

Z = Number of rollers per row,

I = Effective length of contact between one roller and that ning (or washer)
where the contact is the shortest (in mm). It 15 equal to the overall length
of roller minus roller chamfers or grinding undercuts,

D = Diameter of roller in mm. It 15 the mean diameter in case of tapered
rollers.

o = Nominal angle of contact. It is the angle between the line of action of
the roller resultant load and a plane perpendicular to the axis of the
bearing. and

Jy = 21.6, for bearmgs made of hardened steel.
3. For thrust ball bearings_ the basic static axial load rating is given by
C, =fHZD*sina
where Z = Number of balls carrying thrust in one direction, and
Jo =49, for bearings made of hardened steel
4. For thrust roller bearings, the basic static axial load rating 1s given by
C, =2l Dsna
where Z = Number of rollers cammying thrust in one direction, and
Jy = 98.1, for bearings made of hardened steel.



Static Equivalent Load
The static equivalent load may be defined as the static radial load (in case of radial ball or roller
bearings) or axial load (in case of thrust ball or roller bearings) which, if applied, would cause
the same total permanent deformation at the most heavily stressed ball (or roller) and race
contact as that which occurs under the actual conditions of loading.
The static equivalent radial load (W) for radial or roller bearings under combined radial and
axial or thrust loads 15 given by the greater magnitmde of those obtained by the following two
equanons,; i.e.
| B W =X, W+ Y, W, ;and 2 W_=W_
where W = Radial load.
W, = Axial or thrust load.
X, = Radial load factor, and
¥, = Axial or thrust load factor.

Basic Dynamic Load Rating of Rolling Contact Bearings

The basic dynamic load rating (C) 1n newtons for ball and roller bearings may be obtained as
discussed below -

1. According to IS: 3824 (Part 1} 1983, the basic dynamic radial lead rating for radial and
angular contact ball bearings. except the filling slot type, with balls not larger than 25 4 mm in diameter,
1s given by

C =f. (icose)®’ Z*# . D!E
and for balls larger than 25 4 mm 1n diameter,
C =3.647f (icos )" Z°¢ . D'

1. According to I5: 3824 (Part 2)-1983, the basic dynamic radial load rating for radial roller
bearings is given by
C -=J:(t1, cos 0)’® 2% DR
3. According to IS: 3824 (Part 31983, the basic dynamic axial load rating for single row,
single or double direction thrust ball bearings is given as follows :
{a) For balls not larger than 25 4 mm in diameter and o= 90",
C =f .22 Df
() For balls not larger than 25 4 mm in diameter and o # 90°,
C=f(cos o) tan o, ZH5 . DLE
() For balls larger than 25 4 mm in diameter and o= 90°
C=3647f 2% D'+
{d) For balls larger than 25 4 mm in diameter and o # 907,
C =3647f (cos o)’ tan . 727 D
4. According to I5: 3824 (Part 41983, the basic dynamic axial load rating for single row,
single or double direction thrust roller beanngs 1s given by
C=1 L 2% ... (when o = 907)
=f, (I, cos o)™ tan . 23" D .. {when a = 90%)



Dynamic Equivalent Load for Rolling Contact Bearings
The dynamic equivalent load may be defined as the constant stationary radial load (in case of
radial ball or roller bearings) or axial load (in case of thrust ball or roller bearings) which, if
applied to a bearing with rotating inner ring and stationary outer ring, would give the same life as
that which the bearing will attain under the actual conditions of load and rotation.
The dynamic equivalent radial load (W) for radial and angular contact bearings, except the
filling slot types, under combined constant radial load (W) and constant axial or thrust load (W,) 1s
given by
W=XVW+Y W,
where V' = A rotation factor,
=1, for all types of bearings when the inner race is rotating,
=1, for self-aligning bearings when inner race is stationary,
= 1.2, for all types of bearings except self-aligning. when inner race 1s
stationary.
Reliability of a Bearing

We have already discussed in the previous arficle that the rating life is the life that 90 per cent of
a group of identical bearings will complete or exceed before the first evidence of fatigue develops.
The reliability (R) is defined as the ratio of the number of bearings which have successfully completed
L million revolutions to the total number of beanings under test. Sometimes, 1t becomes necessary to
select a bearing having a reliability of more than 90%. According to Wigbull the relation between the
bearing life and the reliability is given as

1 Iy I ) i
log, | & =[E] or i 1ﬂga(E] -0}

where L is the life of the bearing corresponding to the desired reliability R and g and b are constants
whose values are

a =684, and h=117
If L, 1s the life of a beanng corresponding to a reliability of 90% (f.e. R,.). then

- 1 e
% = _lugg [EH _.{if)

Dividing equation (7) by equation (i7), we have

L [ log, (/R) T" )
Ly ~ mi’fﬁmﬂ;} =*6.85 [log, (LR)]** (e B=117)

Selection of Radial Ball Bearings

In order to select a most suitable ball bearing, first of all, the basic dynamic radial
load is calculated. It is then multiplied by the service factor (KS) to get the design basic dynamic
radial load capacity. The service factor for the ball bearings is shown in the following table



- &

5No. Tipe of service Service factor (K.) for radial
ball bearings
L Uniform and steady load 1.0
2 Light shock load 15
LB Moderate shock load 20
4. Heavy shock load 2.5
5 Extreme shock load 3.0

Comparison of Rolling Contact Bearings Over Sliding Contact Bearings
The following are some advantages and disadvantages of rolling contact bearings over sliding
contact bearings.

Advantages

. Low starting and running friction except at very high speeds.

. Ability to withstand momentary shock loads.

. Accuracy of shaft alignment.

. Low cost of maintenance, as no lubrication is required while in service

. Small overall dimensions.

. Reliability of service.

. Easy to mount and erect.

. Cleanliness.

X 1 N N bW =

Disadvantages

1. More noisy at very high speeds.

2. Low resistance to shock loading.

3. More initial cost.

4. Design of bearing housing complicated



UNIT-3

DESIGN OF FLYWHEEL



Introduction

A flywheel used in machines serves as a reservoir which stores energy during the period when
the supply of energy is more than the requirement and releases it during the period when the
requirement of energy is more than supply. A flywheel does not maintain a constant speed, it
simply reduces the fluctuation of speed

The flywheel does not maintain a constant speed, it simply reduces the fluctuation of speed. In
other words, a flywheel controls the speed variations caused by the fluctuation of the engine
turning moment during each cycle of operation. It does not control the speed variations caused
by the varying load.

Coefficient of Fluctuation of Speed

The difference between the maximum and minimum speeds during a cycle is called the
maximum fluctuation of speed. The ratio of the maximum fluctuation of speed to the mean
speed is called coefficient of fluctuation of speed

. Coefficient of fluctuation of speed,

o o N-N 2N M)
5 _;'..r __\il': + _h.r-l

L
(1] iy +

...iIn terms of angular speeds)

. S i ) AIn rerms of linear speeds)
W %+ 1
Coefficient of Fluctuation of Energy
It is defined as the ratio of the maximum fluctuation of energy to the work done per cycle. It is
usually denoted by CE. Mathematically, coefficient of fluctuation of energy
Maximum fluctuation of energy

E Work done per cycle
Work done/cycle=T,eqn * 0

The mean torque (7mean) in N-m may be obtained by using the following relation i.e

_Pxe60_P
mean 2mv (!)
The workdone per cycle may also be obtained by using the following relation
P x 60
Workdone / cycle =

H

Energy Stored in a Flywheel



A flywheel is shown in Figure. We have already discussed that when a flywheel absorbs
energy its speed increases and when it gives up energy its speed decreases.

Let m = Mass of the flywheel in kg

,k = Radius of gyration of the flywheel in metres,

I=Mass moment of inertia of the flywheel about the axis of rotation in kg-m” = m.A%,

Nj and N, = Maximum and minimum speeds during the cycle in r.p.m.,

o) and w; = Maximum and minimum angular speeds during the cycle in rad / s,

M+ N.
N = Mean speed during the cvele in cpm. = ]TJH
o = Mean angular speed during the cyele inrad /5= %
. , . : N, —N — i,
C. = Coetlicient of fluctuation of speed = ] v A or L o

We know that mean kinetic energy of the flywheel,

] i 1 - 1
E = ;M.’.m' ==X m kT T (i N-m or joules)

As the speed of the t'l].-'wheelzhan ges Emﬁ‘t ), to ok, the maximum fluctuation of energy,

AE = Maximum K.E. — Mmimum K.E. = %H ) - —: x I, )

1 : 1
« >x I (o)’ —l-:]}g]']=ixﬂm1 by ) (o — @)

i wy + o

= L (0 — ) [ M 3 ) wealT)
i | 0y — O oo e

= F.r T sMuluplying and dividing by w]

A v T=miR) . (i)

| ~.
=2 EC, [ E=—xlw ]...(m')

The radius of gyvration (k) mav be taken equal to the mean radius of the rim (R), because the
thickness of rim is very small as compared 1o the diameter of mm. Therefore substituting £ = R in
equation (if), we have
¢ =il )

AE = nr.R".{.lJr'.fb - .l1lr.1".I:’."E -

From this expression, the mass of the flvwheel nm may be determuned.



Stresses in a Flywheel Rim

A flywheel, as shown in Figure below, consists of a rim at which the major portion of the mass
or weight of flywheel is concentrated, a boss or hub for fixing the flywheel on to the shaft and a
number of arms for supporting the rim on the hub.

The following types of stresses are induced in the rim of a flywheel:

1. Tensile stress due to centrifugal force,

2. Tensile bending stress caused by the restraint of the arms, and

3. The shrinkage stresses due to unequal rate of cooling of casting. These stresses may be very
high but there is no easy method of determining. This stress is taken care of by a factor of safety.
We shall now discuss the first two types of stresses as follows:

Tensile stress due to the centrifugal force

The tensile stress in the rim due to the centrifugal force, assuming that the rim is unstrained by
the arms, is determined in a similar way as a thin cylinder subjected to internal pressure.
Let b = Width of rim,

¢t = Thickness of rim -_+_ e

A = Cross-sectional area of rim = b x R e i T

b i Huh ; 1 — Keyvway
D = Mean diameter of flywheel L 1 & | “l,f l

R = Mean radius of flywheel, ' {1+ A . L _'_ o,

p = Density of flywheel material, ,.,,? : ' = .

o = Angular speed of flywheel, % P J o

v = Linear velocity of flywheel, and s 1

ot = Tensile or hoop stress. A ‘_4'._ :

Consider a small element of the rim as shown shaded in Fig. below. Let it subtends an angle 66
at the centre of the flywheel.

Volume of the small element
=A.R.00
. Mass of the small element,
dm = Volume x Density
= A.R.00.p=p.4.R.00
and centrifugal force on the element,
dF = dm.o’>.R=p.4.R.00.0°.R
= p.A.R%.0%.00
Vertical component of dF
=dF.sinf
= p.4.R%.»*.00 sin 6



.. Total vertical bursting force across the rim diameter -,

E T
= pA R0 J'ﬂ sin 040

= pAR 0 [~ cos B]] =2pAR e i)
This vertical force is resisted by a force of 2F, such that
2P =20 %4 i)

From equations (/) and (i7), we have
pAR W =20 % 4
2 g, = pR-ar = pa” A v=wR) ..(iif)
2. Tensile bending siress cawsed by restraint of the arms
The tensile bending stress in the nm due to the restraint of the arms is based on the assumption
that each portion of the rim between a pair of arms behaves like a beam fixed at both ends and
uniformly loaded, as shown in Fig. 22,11, such that length berween fixed ends,

_xD IrxR

n "
The uniformly distributed load (w) per metre length will be equal to the centrifugal force

between a pair of arms,

. where n = Number of arms.

. w=brpor R Nm

We know that maximum bending moment,

w. _b.rp.m"'.ﬁ{zirﬂ]:
"

and section modulus, £ =

. Bending stress,

M e:.rp_m-‘.ﬂ(zn.ﬁt]’ &

g, - . = 3

L = 12 " b g
_19.74p .’ . R' 19.74p.+v' . R

M- . R §

v}

—{ Substititing o = R}
Mow total stress in the rim.,
il T

If arms of flywheel do not stretch and are placed close together, then centrifugal force will not
set up in rim. o; will be zero. On the other hand, if arms are stretched enough to allow free
expansion of the rim due to centrifugal action, there will be no restraint due to arms, i.e. 65, will
be zero

3
It has been shown by G. Lanza that the arms of a Qywhesl stretch abouat 3 th of the amount

necessary for free expansion. Therefore the total stress in the rim,

3 1 3 . 1 I1e14p.v'.R
=E g+ E o0y = EPJ""'E = .I'.IE 3 =L}
¥ 4.935 R
=P [ﬂ.?ﬁ + .,—}
" I
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SPRINGS



SPRINGS

» Aspring is defined as an elastic body, whose function is to distort when loaded and to recover
its original shape when the load is removed.

» Spring act as a flexible joint in between two parts or bodies

» Mechanical springs have varied use in different types of machines. In this chapter We shall
briefly discuss here about some applications, followed by design of springs.

OBJECTIVES OF SPRING

1. To cushion, absorb or control energy due to either shock or vibration as in car springs, railway
buffers, shock absorbers and vibration dampers.

2. To apply forces, as in brakes, clutches and spring loaded valves.
3. To control motion by maintaining contact between two elements as in cams and followers.
4. To measure forces, as in spring balances and engine indicators.
5. To store energy, as in watches, toys, etc
TYPES OF SPRINGS

e According to their shape:
Helical springs:The helical springs are made up of a wire coiled in the form of a helix and is
primarily intended for compressive or tensile loads.The two forms of helical springs are
Compression helical spring as shown in Fig. (a) and tension helical spring (b)

() Compression helical spring. £y Tension helical spring

CLOSELY COILED & OPEN COILED HELICAL SPRINGS

» The helical springs are said to be closely coiled when the spring wire is coiled so close that the
plane containing each turn is nearly at right angles to the axis of the helix and the wire is
subjected to torsion. In other words, in a closely coiled helical spring, the helix angle is very
small, it is usually less than 10°.

» In open coiled helical springs, the spring wire is coiled in such a way that there is a gap between
the two consecutive turns, as a result of which the helix angle is large. Since the application of
open coiled helical springs are limited, therefore our discussion shall confine to closely coiled
helical springs only.

CONICAL AND VOLUTE SPRINGS

The conical and volute springs, as shown in Figure, are used in special applications
where a telescoping spring or a spring with a spring rate that increases with the load is



desired. The conical spring, as shown in Fig. (a), is wound with a uniform pitch whereas
the volute springs, as shown in Fig.(b), are wound in the form of paraboloid with
constant pitch

() Conical spring.

TORSION SPRING
* These springs may be of helical or spiral type as shown in Figure.
* The helical type may be used only in applications where the load tends to wind up the
spring and are used in various electrical mechanisms.
* The spiral type is also used where the load tends to increase the number of coils and
when made of flat strip are used in watches and clocks

CHY Wolute Sprimge.
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LAMINATED OR LEAF SPRINGS
= The laminated or leaf spring (also known as flat spring or carriage spring) consists of a
number of flat plates (known as leaves) of varying lengths held together by means of
clamps and bolts

MATERIAL FOR HELICAL SPRINGS

» The material of the spring should have high fatigue strength, high ductility, high
resilience and it should be creep resistant.

» The springs are mostly made from oil-tempered carbon steel wires containing 0.60 to

0.70 per cent carbon and 0.60 to 1.0 per cent manganese.



> Non-ferrous materials like phosphor bronze, beryllium copper, monel metal, brass etc.,

may be used in special cases to increase fatigue resistance, temperature resistance and
corrosion resistance.
» The helical springs are either cold formed or hot formed depending upon the size of the

wire. Wires of small sizes (less than 10 mm diameter) are usually wound cold whereas
larger size wires are wound hot.
TERMS USED IN SPRINGS

1. Solid length. When the compression spring is compressed until the coils come in contact
with each other, then the spring is said to be solid. The solid length of a spring is the
product of total number of coils and the diameter of the wire.

Solid length of the spring,

Ls=n'd where n' = Total number of coils, and d = Diameter
of the wire.
, (%
v ; = »
C T - PSP D VTP D P55
> = T — g & ’
= . 2 |= . a
P , = | 2o
e = C g_. =
F:T_: = 5 > c_s.) =
e ] L} e r
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2. Free length. The free length of a compression spring, is the length of the spring in the
free or unloaded condition. It is equal to the solid length plus the maximum deflection
or compression of the spring and the clearance between the adjacent coils
Free length of the spring,
Lr = Solid length + Maximum compression + Clearance between adjacent coils (or clash
allowance)
=n'.d + 8maxt 0.15 Smax
The following relation may also be used to find the free length of the spring, i.e.
Li=n'd+6max+(n'—1)x 1 mm
3. Spring index. The spring index is defined as the ratio of the mean diameter of the coil to the
diameter of the wire. Mathematically,

Spring index, C=D / d where D = Mean diameter of the coil, and d = Diameter of
the wire.
4.Spring rate. The spring rate (or stiffness or spring constant) is defined as the load required
per unit deflection of the spring. Mathematically,

Spring rate, k=W /& where W = Load, and & = Deflection of the spring

5. Pitch. The pitch of the coil is defined as the axial distance between adjacent coils in
uncompressed state. Mathematically,

Pitch of the coil, p =Free length/(n' — 1)

Compressed

solid



Pitch of the coil, p = (L — Ls /n)+d
Lg = Free length of the spring, Ls = Solid length of the spring,
n'= Total number of coils, and d = Diameter of the wire



END CONNECTIONS FOR COMPRESSION HELICAL SPRINGS

The end connections for compression helical springs are suitably formed in order to apply the
load.

In all springs, the end coils produce an eccentric application of load, increasing stress on one
side of the spring. When the number of coils is small, this effect must be taken into account.
The part of the coil which is in contact with the seat/element does not contribute to spring
action and hence are termed as inactive coils. The turns which impart spring action are known
as active turns.

As the load increases, number of inactive coils also increases due to seating of the end coils and
the amount of increase varies from 0.5 to 1 turn at the usual working loads.

Tipe o end Toral number af Sonliel Tevgrih Free length
turny fnl
1. Plain ends ' n im+ 1) d p=n+d
2,  Ground ends n n o= P=n
3, ‘Squared ends n+2 (= 3yd PEn+3d
4. Bguared and ground w2 (+=2)a P = n+ 2
et

END CONNECTIONS FOR TENSION HELICAL SPRINGS

The tensile springs are provided with hooks or loops which may be made by turning whole coil
or half of the coil. In a tension spring, large stress concentration is produced at the loop or
other attaching device of tension spring.
The main disadvantage of tension spring is the failure of the spring when the wire breaks. A
compression spring used for carrying a tensile load

o

E=— 1 == = C o)
. Mo /r/__,lr o o . 3 = , . =
— : )

1IL| I‘r f - = =" = =



STRESSES IN HELICAL SPRINGS OF CIRCULAR WIRE

Consider a helical compression spring made of circular wire and
Subjected to an axial load W

Y

Let D = Mean diameter of the spring coil, - *t' T

d = Diameter of the spring wire, \E’; v ".‘{;:

n = Number of active coils, - ! 13

G = Modulus of rigidity for the spring material, qL' | i’ ‘+’

W = Axial load on the spring, i, :

T = Maximum shear stress induced in the wire, [' = 'l

C= Spring index = D/d, {re) Asially lodaded belical speiag
w

p = Pitch of the coils, and +

6 = Deflection of the spring, as a result of an axial load W : ] ;

The load W tends to rotate the wire due to the twisting moment (T) . ’ \

set up in the wire. Thus torsional shear stress is induced in the wire. a7 :

A little consideration will show that part of the spring, as shown in Fig. i.'.' o

(b), is in equilibrium under the action of two forces W and the twisting
() Free iy diagra shoswing (hat wi
moment T. s subjected to torsional shear and 5

direct shear

We know that the twisting moment

.ir_—l-l—'th}—“'h'.'l:lefl
2 1&
B . <
n-;-i_ ) ]

In addition to the torsional shear stress (7,) induced in the wire, the following stresses also
act on the wire

1. Direct shear stress due to the load W, and

2. Stress due to curvature of wire

Direct shear stress due to the load W

—_—_ Load
3 Cross-sectional area of the wire
W 4w >
— - JrED
“ w o= wd

4

The resultant shear stress induced in the wire

EW. D 4 W
e & .

T el ™

The positive sign is used for the inner edge of the wire and negative sign is used for the
outer edge of the wire

T_-T!iT:=



AMaximin shear stress induced in the wirve, — Torsional sheay srress + [Directr shiear siress

BW.D | AW _smu[l d )

ot e ot 2D
85 WL [ 1 } B W3
- e i e | i . [
— 3ic Tk .
i Substibating L2700 = )
where J.." = Shear stress factor = 1 + 1—
2

B WD 1
Froim the above eguation, it can be observed that the effect of direct shear ( = 3> . II"_"] i=

appreciable for aprings of small spring ndex . Also we have oeglected the effecr of wire curvanire
in egquation (A, It may be noted that when the springs are subjected o static loads, the effect of wire
curvature may be neglected . becsuse violding of the material will relieve the stresses.

I acder (@ condidder the =ffects of both direct shear as well as curvaniere of the wire, a Wahl s
stress factor (A7) introduced by AR, Wialil mavy be usesd, The rennlmmnt diagram of torsionnl shear.,
direct shear and curvature shear siress

S Maximium shear Stress induced in the wire.,

t_xx“"_'-::‘_xﬁﬂ A
- A
A — L
whiere F - A — 4 ";t; .

DEFLECTION OF HELICAL SPRINGS OF CIRCULAR WIRE

We Know,
Maximum shear stress induced in the wire,
T = KX—SW‘:) sz—SW'QC
Ttd T d

Total active length of the wire,
I = Length of one coil x No. of active coils=m D x n

Let 0 = Angular deflection of the wire when acted upon by the torque T.
- 6 = % ...(considering g = GTB)
where J = Polar moment of inertia of the spring wire
= % x d* . d being the diameter of spring wire.
and G = Modulus of rigidity for the material of the spring wire.
. Axial deflection of the spring,
d=0xDn2 )

‘We also know that
G 5 T GBS
T bz 7T
Now substituting the values of / and J in the above equation, we have

D
Bl [W 8 E] ©Dn 6w D’
- - - 4
J.G % wdtc G.d
Substituting this value of 8 in equation (7), we have

_16W.D’n_D 8WD'n 8W.C’n

x—= = s (7 =DM
Gd* 2 Gd° Gd ( )

...(i)




and the stifiness of the spring or spring rate.

W G.d? G.d
— = = constant

5 8 D3 n B 8C3n
BUCKLING OF COMPRESSION SPRINGS
When the free length of the spring (Lr) is more than four times the mean or pitch diameter (D),
then the spring behaves like a column and may fail by buckling at a comparatively low load
The critical axial load (W,,) that causes buckling may be calculated by using the following
relation, i.e. W=kxKgxLr
where k = Spring rate or stiffness of the spring = W/6,
L r = Free length of the spring, and
Kg = Buckling factor depending upon the ratio LF / D
ECCENTRIC LOADING OF SPRINGS

Sometimes, the load on the springs does not coincide with the axis of the spring, i.e. the spring is
subjected to an eccentric load. The eccentric load on the spring increases the stress on one side
of the spring and decreases on the other side. When the load is offset by a distance e from the
spring axis, then the safe load on the spring may be obtained by multiplying the axial load by
the factor:

D
2 e+ D pjs the mean diameter of the spring
SURGE IN SPRINGS

*  When one end of a helical spring is resting on a rigid support and the other end is loaded
suddenly, then all the coils of the spring will not suddenly deflect equally, because some

time is required for the propagation of stress along the spring wire.

* End coils of the spring in contact with the applied load takes deflection and transmits its
deflection to adjacent coils. In this way, a wave of compression
propagates through the coils to the supported end.

* This wave of compression travels along the spring .If the applied
load is of fluctuating type and if the time interval between the load
applications is equal to the time required for the wave to travel e

from one end to the other end, then resonance will occur. This results in very large

deflections of the coils and high stresses & it is just possible that the spring may fail. This

phenomenon is called surge.

* The natural frequency for springs clamped between two plates is given by

ik rmad



i 6ir.g
fo= ) oyelesis
oAnDra p

The surge in springs may be eliminated by using the following methods :

1. By using friction dampers on the centre coils so that the wave propagation dies out.

2. By using springs of high natural frequency.

3. By using springs having pitch of the coils near the ends different than at the centre to have
different natural frequencies.

ENERGY STORED IN HELICAL SPRINGS OF CIRCULAR WIRE

We know that the springs are used for storing energy which is equal to the work done on it by
some external load.

Let W = Load applied on the spring. and
& = Deflection produced in the spring due to the load W
Assuming that the load is applied gradually, the energy stored in a spring is.

i |
U = 3 W .o D
We have already discussed that the maximum shear stress induced in the spring wire,
3
T = KX*SW.D orW=7nd o
nd? 8K.D

We know that deflection of the spring,

5 — SW.D.mn = errdj.'cx D> .n - wttT.D.n
G.d* 8K.D G.d* K.d.G

Substituting the values of W and 3§ in equation (7), we have

1 nd*t nt.D>.n

U—=+=% x
2 8K.D K.d.Gg
2 2
o tio{nD.rr)(ExdszL,xV
4 K-.G 4 4K-.G
where ¥ = Volume of the spring wire

= Length of spring wire x Cross-sectional area of spring wire

— (r D.n) (.Ex dzJ



PROBLEM 1 :4 helical spring is made firom a wire of O mm diameter and has outside
dicameter of 75 mm. If ithe permiissible shear stress @s 350 MPa and modulus of rigidity
Sd kN/mm?, find the axial load which the spring can carry and the deflection per active
12071,

Solution. Given : @ =6 mm ; I, = 75 mm ; T = 350 MPa = 350 N/mm? ; & = B4 kIN/mm

=84 = 10% N/mum”
Wi know that mean diameter of the spring,
D=0 —d=T5—6=69 mm

i 5o
s Bpring index, = —=—=11.5
pruug 3 G
Let W = Aoxaal load. and

&/ n = Deflection per active tarn.

1. ,"'-"rg.frrﬁng e rﬂ"rrr af curvalire
We know that the shear stress factor,

Kﬁ -] + ._I =] 4 -I. = [ 043
.| i 2x11.5
and maximum shear stress mduced in the wire (1),
350 = Ky x 208 _ 1 043 B 200 _ g qas w
o w6

W= 350/ 0,848 = 4] 2.7 M Ans

We know that deflection of the spring,
8W.D’.n
G.d*

.. Deflection per active turn,
3 S W.D> 8x412.7 (69)°

= 9.96 mm Ans.

n G.d*? 84 x10°x 6%

2. Considering the effect of curvature
We know that Wahl’s stress factor,
4C—-1 0615 4x115-1 0.615
K= + = + =1.123
4C - 4 & 4x11.5—4 11.5
We also know that the maximum shear stress induced in the wire (1),

0= T saasnt A e

nd’ X6
W =350/0913=1383.4 N Ans.

and deflection of the spring,
8W.D.n
- G.d?
.. Deflection per active turn.

3 3
SR () ——

n G.d* 84x10°x 6*




PROBLEM 2 Design a helical compression spring for a maximum load of 1000 N for a

deflection aof 25 mm using the value of spring index as 5. The maximum permissible
shear stress for spring wire is 420 MPa and modulus of rigiditv is 84 kN/mm”
Take Wahl’s factor

Solution. Given ; W= 1000 N: 8 =25 mm; C = fWd = 5: T = 420 MPa = 4230 MN/mm”
&= 84 kN/mm® = 84 = 10° N/mm?®
1. Mean digmeter af the spring cofl

Let L = Mean diameter of the spring coil, and

d = Diameter of the spring wire.,
Wi know that Wahl‘s siress factor,

K 4c — 1 “+ E},ﬁjj = 43‘?_!— - ﬂ.ﬁlﬁ =1.31
" V. | [y d=x5 -4 =
and maximum shear stress (T,

B W .C Bx 1000 = 5 16 677
= = LI - =
m e o i
W2 = 16677 /420=39.7 or =063 mm
we shall take 4 standard wire of size S 3 having diameter (¢ ) = 6.401 mumn.
.. Mean diameter of the spring coil,

420 = K =

D=Cd=5d=5 x6.401 =32.005 mm Ans. (" C=Dld=75)
and outer diameter of the spring coil,

D, = D+d=32.005+6.401 = 38.406 mm Ans.
2. Number of turns aof the coils

Let n = Number of active turns of the coils.

We know that compression of the spring (8),

- 8W.C*.m _ 8x1000 (5)°n
G.d 84 x10° x 6.401

25/ 1.86 = 13.44 say 14 Ans.
For squared and ground ends, the total number of turns,

=186n

H

n'=n+2=14+2=16 Ans.
3. Free length aof the spring

We know that free length of the spring

=n'd+8+0.1586=16 x 6401 +25+0.15x 25
= 131.2 mm Amns.
4. Pitch of the coil

We know that pitch of the coil

_ Free,length - 1BL2 8.75 mm Anms.
n —1 16 -1




PROBLEM 3 A closelv coiled helical spring is made of 10 mm diameter steel wire, the
coil consisting of /1) ¢ omplefe turns with a mean diameter of 120 mm. The spring carries
an axial pull of 200 N. Determine the shear stress induced in the spring neglecting the
effect of stress concentration. Determine also the deflection in the spring, its stiffness and
strain energy stored by it if the modulus of rigidity of the material is SO kN/mpr”

Solution. Given !d= l0mm ; n= 10 ;D= 120mm ; W=200N ; =80 kN/mm- = 80 = [{# Mmm"
Shear sitress induced in the spring neglecting the effect af siress concenfraiion

We know that shear stress induced in the spring neglecting the effect of stress concentration is.

] . . _,
ﬂiﬂ".ﬂ-{l i}=3:¢._ﬂﬂxl_ﬂ|: 10 ]w 2

T - + e
P 2D x {107 2x 120

= 61.1 = 1.04 = 63,54 N/mumn® = 63.54 MPa Ans
Dieflection in the spring

We know that deflection in the spring,
§W.DF'n & 200(120)° 10

b = E
&.d* 80 = 10° (10y*

= 34.56 mm Amns.
KrifFress aof e spring
Wi know thar stiffness of the spring

Sitrain energy stored {n the spring
We know that strain energy stored in the spring,

|
.6 - — 200 = 34 56 = 3456 M-mum = 3. 456 M-m Ans.

{4

Bl |

STRESS AND DEFLECTION IN HELICAL SPRINGS OF NON-CIRCULAR
WIRE

The helical springs may be made of non-circular wire such as rectangular w

or square wire, in order to provide greater resilience in a given space. : * _,,1 b e
However these springs have the following main disadvantages : ’% I{
1. The guality of material used for springs is not so good. %—' e

2. The shape of the wire does not remain square or rectangular while =

forming helix which reduces the energy absorbing capacity of the spring. %#ﬁ”J ,;%

3. The stress distribution is not as favourable as for circular wires. *’*’{r
But this effect is negligible where loading is of static nature. S il 7
%;ﬁ-! L_wiﬂ_m
shear stress is given by I -4 1

W.D(15t+09b)
b= 43

=KX



This expression is applicable when the longer side (i.e. 1 > b) is parallel
to the axis of the spring. But when the shorter side (i.e. r < b) is parallel to the
axis of the spring. then maximum shear stress,

W.D(Q1.5b+ 0971

T =KX -
by

and deflection of the spring,
__245W.D.n
G.b> (r — 0.56 b)

For springs made of square wire, the dimensions b and ¢ are equal. Therefore, the maximum
shear stress is given by

e B 2.4;5’.1)
and deflection of the spring,
5 - 5568 W.D'n _ 5568 W.C’.n [ C_D}
- G.b* G.b U7
where b = Side of the square.

SPRINGS IN SERIES

Consider two springs connected in series as shown in Fig.
Let W = Load carried by the springs,
6, = Deflection of spring 1,
8, = Deflection of spring 2,
k, = Stiffness of spring 1 = W/ §,. and
k, = Stiffness of spring 2 =W/ 8,
A little consideration will show that when the springs are connected in series.

then the total deflection produced by the springs is equal to the sum of the deflections
of the individual springs.

.. Total deflection of the springs.

6 =25,+98,
W W W
—_— = —+
= kK Kk
i A3
k ky k>
where k = Combined stiffness of the springs.
SPRINGS IN PARALLEL
w
Consider two springs connected in parallel as shown in Fig *
Let W = Load carried by the springs. I
W, = Load shared by spring 1,
W, = Load shared by spring 2, LS ks

k, = Stiffness of spring 1. and
Stiffness of spring 2.

NY
Il

A little consideration will show that when the springs are connected in parallel. then the total
deflection produced by the springs is same as the deflection of the individual springs.

We know that W =Ww,+W,
or 8.k = 8.k, + d.k,
i k=k+k,
where k = Combined stiffness of the springs. and

& = Deflection produced.



A loaded narrow-gauge car of mass 1800 kg and moving at a velocity 72 m/min., is brought
to rest by a bumper consisting of two helical steel springs of square section. The mean
diameter of the coil is six times the side of the square section. In bringing the car to rest, the
springs are to be compressed 200 mm. Assuming the allowable shear stress as 365 MPa and
spring index of 6, find

1. Maximum load on each spring, 2. Side of the square section of the wire

3. Mean diameter of coils, and 4. Number of active coils.

Take modulus of rigidity as 80 kN/mm?.

Solution. Given : m = 1800 kg: v = 72 m/min = 1.2 m/s; & = 200 mm ;
T= 365 MPa =365 N/mm’; C=6: G =80 kN/mm-* = 80 = 10° N/mm?
1. Maximum load on each spring,

Let W = Maximum load on each spring.
We know that kinetic energy of the car

1 2 1 2
= E my- = E »x 1800 (1.2)" =1296 N-m = 1296 x 10° N-mm

This energy is absorbed in the two springs when compressed to 200 mm. If the springs are
loaded gradually from 0 to W, then

[U +W

)ZXZ{}O = 1296 = 10°

W = 1296 x 10°/ 200 = 6480 N Ans.
2. Side of the square section of the wire
Let b = Side of the square section of the wire, and
D = Mean diameter of the coil =6 b wi % C=D/b=6)

We know that Wahl’s stress factor,
4C -1 2 0615 4x6-1  0.615

K = — + =1,2525
4C —4 C 4x6—-4 6
and maximum shear stres ().
24wW_.D 24x6480x6 b 116 870
365 = K x == 5= = 12525 . : x22 = =

& b2 =116870/365=320 or b=17.89 say 18 mm Ans.
LEAF SPRING

* The laminated or leaf spring (also known as flat spring or carriage spring) consists of a
number of flat plates (known as leaves) of varying lengths held together by means of
clamps and bolts.

* These are mostly used in automobiles

* The major stresses produced in leaf springs are tensile and compressive stresses

* The advantage of leaf spring over helical spring is that the ends of the spring may be
guided along a definite path as it deflects to act as a structural member in addition to
energy absorbing device.

* Thus the leaf springs may carry lateral loads, brake torque, driving torque etc., in
addition to shocks.



-— master leat

rebound clip

CONSTRUCTION

* Aleaf spring is of semi-elliptical form and consists of number of leaves.

* The longest leaf is called as master leaf and has its ends formed in the shape of an eye,
through which bolts are passes to secure the spring to its supports.

* The other leaves are called as graduated leaves, which are arranged in the order of
decreasing length and then clamped to the master leaf with the help of strips.

* Since master leaf has to withstand vertical bending loads as well as loads due to
sideways of vehicle, therefore, due to presence of stresses caused by these loads, it is
usual to provide two full length leaves and rest as graduated leaves.

MATERIALS FOR LEAF SPRING
Oil hardened and tempered alloy steels such as, 50Cr1, 50Cr1V23 for automobiles &
55Si2Mn90 For rail road springs
ADVANTAGES OF LEAF SPRING:
1) Leaf spring is acts as a structural member rather than energy absorbing device.
2) Leaf springs can take up the lateral loads, brake torque and driving torque in addition
to shock.
APPLICATIONS OF LEAF SPRING:
1) Automobiles like heavy loaded trucks, jeep, trailers etc.
2) In machines to absorb the shock loads.
STRESS IN LEAF SPRING
Consider a single plate fixed at one end and loaded at the other end & plate may be used as a

flat spring
Let t = Thickness of plate, -
b = Width of plate, and Z) *
L = Length of plate or distance Z i
of the load W from the Z e
cantilever end. 7 L |
We know that the maximum bending moment at the %/) Y —t—
cantilever end A4, ; '
M=WL AA s 1
I bPN2 1,

—x bt

and section modulus, _
v t/2 6



.. Bending stress in such a spring,
M WL 6WL

.-.(FD)

_ 6w .L
b.r?

G- =" = 7
z 1 =
i bt
6
maximum deflection for a cantilever with concentrated load at the free end is
5 W w.r _aw.l?
3EXT 3Exbri/12 E.br®
2ol
T 3 Ezx

It may be noted that due to bending moment, top fibres will be in tension and the bottom fibres
are in compression, but the shear stress is zero at the extreme fibres and maximum at the centre

%{_ -

- |

0| NP9 N
|
|

(z) Cross-section () Bending stress
of plate. diagram.

If the spring is not of cantilever type but it is like
a simply supported beam. with length 27 and load 2
in the centre,

Maximum bending moment in the centre,

M= WL
Section modulus, Z=>br/6
) AL WL
- Bending stress, c =7 276
o W.L
= bt

e

1
l + F
i—H-—

=

(c) Shear siress

diagram.



We know that maximum deflection of a simply
supported beam loaded in the centre is given by
WLy @weny owr

A8 ET A8E]  3E1
.4 1n this case, W, =2, and L, = 2L}

Spring such as automobile spring (semi-elliptical spring) with length 2L and loaded in the
centre by a load 2W, may be treated as a double cantilever.
It the plate of cantilever is cut into a series ot n strips of width b and these are placed

6 W.L

o = 5 _.{iif)
AT

g1 Wl 2al _”
nEbs® 3Ef o

It a triangular plate is used ,the stress will be uniform throughout. If this triangular plate
is cut into strips of uniform width and placed one below the other, to form a graduated or
laminated leaf spring, then
& W L
il e W)
6 WL ol
nELY  Eux
fi = Mumber of graduated leaves.
When bending stress alone is considered, the graduated leaves may have zero width at the
loaded end. Therefore, it becomes necessary to have one or more leaves of uniform cross-
section extending clear to the end.
We see from equations (iv) and (wvi) that for the same deflection, the stress in the uniform
cross-section leaves (i.e. full length leaves) is 50% greater than in the graduated leaves,
assuming that each spring element deflects according to its own elastic curve. IT the suffixes
F and G are used to indicate the full length (or uniform cross-section) and graduated leaves,

vy

2 i
then o, = = Og
swy L _ 3[6Fal] . Wy _3_We
g b 2| ng b= Fp Z Fig
’E (i
Hy, 2 ng
2 ng 2n
— | —E W+ W)=|——S |W
e (3 Mg +2HGJ( F c) [3 N +2nGJ i)
where W = Total load on the spring = W + W,

W, = Load taken up by graduated leaves, and
W, = Load taken up by full length leaves.



3 3 .
W, = [_”F_J (W, + Py) —(#] W (%)

2ng +3np
.. Bending stress for full length leaves.

2ng + 3 ng

& 6L 6L 3 ng wo— 18 W.L
F onmgbt? m bt \2ng +3mg bt (2 ng + 3 ng)
Since O = = G . therefore
2 2 18 W.L 12 W.L
G Sl = GF =_-X > = 3
55 3 3 brr(2ng +3ng) bt (2ng +3ng)
The deflection in full length and graduated leaves is given_by equation @).ie.
5 Sopx i’ 2 1S WL B 12 w.I»
3Et 3Ef| bt (2 ng + 3 ng) Ebt® (2 ng + 3 ng)

NIPPING IN LEAVE SPRING
* The stresses in extra full-length leaves are 50% more than the stresses in graduated-
length leaves.
* One of the methods of equalising the stresses in different leaves is to pre-stress the

spring.

* The pre-stressing is achieved by bending the leaves to different radii of curvature, before

they are assembled with the centre clip.

* Asshown in Fig, the full-length leaf is given a greater radius of curvature than the
adjacent leaf.

* The radius of curvature decreases with shorter leaves. The initial gap C between the
extra full-length leaf and the graduated-length leaf before the assembly is called a ‘nip’.

Such pre-stressing, achieved by a difference in radii of curvature, is known as ‘nipping’.

PROBLEM Design a leaf spring for the following specifications :Total load = 140 kN ;
Number of springs supporting the load = 4 ; Maximum number of leaves = 10; Span of the

spring = 1000 mm ; Permissible deflection = 80 mm. Take Young’s modulus, E = 200

kN/mm? and allowable stress in spring material as 600 MPa.

Solwtlodn. Criven | Tooml load 140 KN ; MNo. ol springs &1 M Ll ; 2F 1000 mum o

£ SO0 pum . ; 8 Bk ppenn o o4S JUHR feis S0y = J O IS L oF L BLERN R P

We know' thar oo oo eaclh agairbngg,
Taovtml laiped (= Lh £
Y - - - 35
Mo, of springs
L 35 /2 1 7.5 KB 17 500 B
I i i I eckne== af the lenves aridd
£ Widih of the leaves
We Enowe thmt bencling stress (o)

L o= |7 500 = SO0 525w p0°
i o = - = -
LN dnda g Frfa §

o 535 1O W = 875 (T



and deflection of the spring (8],

" 6w 6o 17 500 (S00) 656 = 10°
0D = — ~——
EDF  mx200x 10 x b bt
b =656 = 10% 80 = .82 = 10® AR

Dhviding eqlm!inn {iFy by =|:||.|.1|:i1:||1 {7}, we have
nbs? 0,82 = 10°
= ar =937 say |0 mm Ans,
pbrt BT.5 x 10° Ay
MNow from equation (). we have
87.5x 107 87510

il 10 {10y

=875 mun

J

and from eguation (if), we have
0.82 = 10° 082 x10°

e 10 (10y°
Taking larger of the wo values, we kave wadth of leaves,
ir = B7.5 say 9 mm Ans.

PROBLEM A locomotive semi-elliptical laminated spring has an overall length of 1 m and
sustains a load of 70 kN at its centre. The spring has 3 full length leaves and 15 graduated
leaves with a central band of 100 mm width. All the leaves are to be stressed to 400
MPa, when fully loaded. The ratio of the total spring depth to that of width is 2. E = 210
kN/mm?. Determine :

1. The thickness and width of the leaves.

2. The initial gap that should be provided between the full length and graduated leaves
before the band

load is applied.3. The load exerted on the band after the spring is assembled

= B2 nun

b -

1. Thickness and widtlh af leaves
Let § = Thickness of leaves, and
b = Width of leaves.
We know that the total pumber of leaves,

!.—HG-.**-]F--'I.H

Since it 1s given that ratio of the total spring depth (n = r) and width of leaves is 2, therefore

o= n

nxr
=T nr h=mn»$t/7 =18 »« /7 =0r¢
B = ©or & HH I/ = 1S I/ = 21
L 3 7/ Pep— _‘.-_-....._._.""I"f_.a-_. PRy, Rt L I PR
C AIIOW Lildl LIC CLICCLIVE ICIIELIL O1 UIC ICaVvVes,
AT _ AT I _ 1nnn IO O i o~ T O T ASH aan
Liz = L, — i = LUUU — 1UU JUUIIILL O L= JUUj 24 =55Vl i

Since all the leaves are equally stressed. therefore final stress (o),

6WL 6x35%10" x450 583x10°

400 3 3 3
nbt~ I1ExQrxr !
1 =583 « 107/ 400 = 1458 or r=11.34 say 12 mm Ans.

b =9¢=0=x=12= 108 mm Ans.




2_ Inittal pap
W know theat the initial gap () that should be provided between the full length and graduated
leaves before the band load s applied. 15 given by
IWL 2x35x107 (450F
nEbs  18x 210 10° x 108 (12)’
A, Lowd exeried on the bond qfter the spring iy aviembled
We know that the load exerted on the band after the spring is assembled,
W, = —rie J2x3xU5x3S X0 _ ooy ane
H{2ng + 3ng) [Bi2=15+3x3)
PROBLEM A truck spring has 12 number of leaves, two of which are full length leaves.
The spring supports are 1.05 m apart and the central band is 85 mm wide. The central
load is to be 5.4 kN with a permissible stress of 280 MPa. Determine the thickness and
width of the steel spring leaves. The ratio of the total depth to the width of the spring is 3.
Also determine the deflection of the spring
Solution. Given : n = 12 = 2E 1.[1 = |05 m= 1050 mm: /= 85 mm: 2F = 54 kN
=3400 N or F=2T00M ; - 280 MPa = 280 N/mm?
Thickness and width of the spring leaves
Let 1 = Thickness of the leaves, and
& = Width of the leaves,
Since il is given thot the ratio of the total depth of the spring (r = 7} and width of the spring (#)
15 3, therefore

= 9.0 mm Ans.

mxr

=3 of b=pup/3=)2np)Imdy

We know that the effective length of the spring,
AL = 2L, — = 1050 - 85 = 965 mm
LS L =965/ 2=4825 mm
and oumber of graduated leaves.
e ™ 0 — W ™ 12 —-2=10
Acsuming that the leaves are not initially stessed, therefiore maximis stress or bending strass
for full length leaves (o),

“pa 1k W.L _ IBxIT00x 4828 225 476
B b (Ing +3np) A= (2x10+3x2) ¢
L (1= 2235 476/ 280 = 8053 or =93 sy 10 mm Ans,
and bh=4i=4= |{i=40 mm Ans,
Deflection af the spring

We knowy that deflection of the spring,

B 12w
Ebt (2ng + 3ng)
12 % 2700 % (482.5)

e ———— i i il

e - o
200 10° x40x 107 (2x10+3 % 2)

= [6. T mm Ans, (Taking £=210 = 10" 2num*)



UNIT-5
CLUTCHES



Clutches

A clutch is a machine member used to connect a driving shaft to a driven shaft so that the driven
shaft may be started or stopped at will, without stopping the driving shaft. The use of a clutch is
mostly found in automobiles.Clutch is a device used in the transmission system of a motor
vehicle to engage and disengage the engine to the transmission

Types of Clutches
1. Positive clutches, 2. Friction clutches.

POSITIVE CLUTCH

The positive clutches are used when a positive drive is required. The simplest type of a positive
clutch is a jaw or claw clutch. The jaw clutch permits one shaft to drive another through a direct
contact of interlocking jaws. The jaws of the clutch may be of square type or of spiral type. A
square jaw type is used where transmission of power in either direction of rotation. The spiral
jaws may be left-hand or right-hand, because power transmitted by them is in one direction
only.
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(a) Square jaw clutch. (b) Spiral jaw clutch.
FRICTION CLUTCHES

A friction clutch has its principal application in the transmission of power of shafts
and machines which must be started and stopped frequently. The force of friction
is used to start the driven shaft from rest and gradually brings it up to the proper
speed without excessive slipping of the friction surfaces.

MATERIAL FOR FRICTION SURFACES

Material used for friction surfaces of a clutch should have the following characteristics
1. High And Uniform Coefficient Of Friction.

2. Not Be Affected By Moisture And Oil

3. Ability To Withstand High Temperatures Caused By Slippage.

4. High Heat Conductivity.

5. High Resistance To Wear And Scoring.



PLATE CLUTCH

A single disc or plate clutch, consists of a clutch plate whose both sides are
faced with a frictional material (usually of Ferrodo). It is mounted on the hub
which is free to move axially along driven shaft. The pressure plate is mounted
inside the clutch body which is bolted to the flywheel. Both the pressure plate
and the flywheel rotate with the engine crankshaft or the driving shaft. The
pressure plate pushes the clutch plate towards the flywheel by a set of strong
springs which are arranged radially inside the body. The levers are arraged in a
manner so that the pressure plate moves away from the flywheel by the
inward movement of a thrust bearing. The bearing is mounted upon a forked
shaft and moves forward when the clutch pedal is pressed.

DESIGN OF A DISC OR PLATE CLUTCH

Consider two friction surfaces maintained in contact by an axial thrust (W ).
r Single disc or plate
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Friction surface
Let T = Torque transmitted by the clutch,
p = Intensity of axial pressure with which the contact surfaces are held together,
rl and r2 = External and internal radii of friction faces,
r = Mean radius of the friction face, and
n = Coefficient of friction.
Consider an elementary ring of radius r and thickness dr. We know that area of contact surface
or
friction surface= 2n r.dr
~ Normal or axial force on the ring,
OW = Pressurex Area = p x 2rx r.dr and frictional force on the ring acting tangentially at radius
7,
Fr=uxoW=up x2rxr.dr
= Frictional torque acting on the ring,
Tr=Frxr=up x2xrdr xr=2mup.rl.dr
Two cases: When there is a uniform pressure, and when there is a uniform axial wear.
CONSIDERING UNIFORM PRESSURE
When the pressure is uniformly distributed over the entire area of the friction face
then the intensity of pressure,
-
4 n [[;-,}: = (:'3]3]




W = Axial thrust with which the friction surfaces are held together.
We have discussed above that the frictional torque on the elementary ring of radius r
and thickness dr is

T, = 2x pp.r’.dr
Integrating this equation within the limits from r, to r; for the total friction torque.
=~ Total frictional torque acting on the friction surface or on the clutch,

3 r1
. n e
= Lllrr w.prsdr = 21'r1.|.p|: — :|
) _"TE'S}:"H e w [(:1;3 — SR ]
L 3 i 7 [( 7 ¥ — =)%1] 3 l

. (Subsntuting the value of 2)

LL. :r’rM =u W.R
L‘-’i): — (> >

(n)y — (m) ; . L. . .
. 1 = Mean radius of the friction surface.

WHEN THERE IS A UNIFORM AXIAL WEAR
The basic principle in designing machine parts that are subjected to wear due to sliding friction is
that the normal wear is proportional to the work of friction. The work of friction is proportional
to the product of normal pressure (p) and the sliding velocity (V).
Therefore, Normal wear < Work of friction « p.V or
p.V =K (a constant) or p = K/V
This wearing-in process continues until the product p.V is constant over the entire surface. After
this, the wear will be uniform.
Let p be the normal intensity of pressure at a distance r from the axis of the clutch. Since the
intensity of pressure varies inversely with the distance, therefore
p.r = C (a constant) or p = C /r and the normal force on the ring
&
OW = p.2mr.dr =— X 2rrdr =2nC.dr
"
- Total force acing on the friction surface,
W= j’ 2nCdr=2nClrl! =2rC( -n)
W
2w (15 — 1)
Frictional torque acting on the ring,

=

=

T =2% |.I.p..'*:.a'i' =2np X Ey 2 dr = 2npu.Crdr
¥ r

Total frictional torque acting on the friction surface (or on the clutch),

214
T = ri 2np Crdr=2nnC {?—}

x b

[(5) = (n)
” - 1 2 v i 2D L A2
= 21t . ,LfJ_:r,u.( [(n) =(n)]
W ) 2 1 = >
=aux—[(x) —(B)]==xuW (i +n)=uW.R
_ 2 (n —13) 2
1 +

R = ——— =Mean radius of the friction surface,



MULTIPLE DISC CLUTCH

It is used when a large torque is to be transmitted. The inside discs (usually of
steel) are fastened to the driven shaft to permit axial motion (except for the last
disc). The outside discs (usually of bronze) are held by bolts and are fastened to the
housing which is keyed to the driving shaft.
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Let n, = Number of discs on the driving shaft. and
n, = Number of discs on the driven shaft.
Number of pairs of contact surfaces.
nm=mtn,—1
and total frictional torque acting on the friction surfaces or on the clutch.
T =nuWwnR
where R = Mean radius of friction surfaces
3
2| (1) - @)
=73 2 ] ... {(For mniform pressure)
3Am) ~(n)
B+
= oee—

= = ... {For umform wear)



CONE CLUTCH

It consists of one pair of friction surface

only. In a cone clutch, the driver is keyed

[
to the driving shaft by a sunk key and has I n -. Iu'_ Spring
an inside conical surface or face which |fz \
exactly fits into the outside conical surface h 1 ;/ﬂlf?ff;%x I
of the driven. The driven member resting — = & W
on the feather key in the driven shaft, may /N & ’14;{: . -----%__x
be shifted along the shaft by a forked lever IJ::vu:ug <hafl 1 R \
provided at B, in order to engage I Driven shaft
the clutch by bringing the two conical - 2 Iq‘ _
surfaces in contact. Due to the frictional Driver = &ff/ ~ Driven

resistance set up at this contact surface, the

torque is transmitted from one shaft to

another.

Due to the frictional resistance set up at this contact surface, the torque is transmitted from one
shaft to another

DESIGN OF A CONE CLUTCH

Consider a pair of friction surfaces of a cone clutch. A little consideration will
show that the area of contact of a pair of friction surface is a frustrum of a cone.
Let p, = Intensity of pressure with which the conical friction surfaces are held together (i.e.
normal pressure between the contact surfaces),
r; = Outer radius of friction surface, 1, = Inner radius of friction surface,
R = Mean radius = (r;+r;)/2
a = Semi-angle of the cone (also called face angle of the cone) or angle of the friction surface
with the axis of the clutch,
p = Coefficient of friction between the contact surfaces, and
b = Width of the friction surfaces (also known as face width or cone face).
Consider a small ring of radius r and thickness dr .Let dl is the length of ring of the friction
surface, such that, dl = dr cosec a
~ Area of ring =2n . dl = 2z r.dr cosec o
It has two cases a) Uniform  b) Non Uniform
L. Consrdering uniform pressure
Ve know thet the normal force actmyg on the g
&6 = Normal pressure = Arsa of nog =p_ = 2% r.dr cosec o
and the axial force acting on the rmng
A" = Horizontal component of 57 (1.2 in the direction of B
= BF = Lm0 =W IR A COEE O % i = 1K = p_rdr
. Total axial load transmutiad to the clutch or the axaal spning force requured

- II'::H - s P [i_:_] - :'q"'Fr' [Ml

= oy L -
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ained - = r —Af)
e [Ty sy s
We know that frwctional force on the nng acnapg mogentially ot radios r.
F, = p&W, =up = 2nrdrooses o
<. Fnctuwonal torgue acting on the ning,
T, o= Fow e g = e dr cosec = r
= Im pp, cosec ar dr
Integratmg this expression within the bmats fom v, o 7| for the tofal frichonal torque on the
clutch
s Total frictional torgque.

T= j: 2. p, . cosec ar’ dr=2n . p, conec ix [-;iL

- s core [ D200

Sobstiuiing the valus of p, from squation (i), we get

3
Fm 2T ;F :IWEH[M]
Kn) =(=)] 3
-2 () — () a
3 ® U FF cosec R[H}I —{11]1 i)

Friction surfoce

W 'li"” wim s
(i) During engapemeni of ihe cluich

1. Considering uniform wear
l#t p, be the normal mtensity of pressure at a distance r from the sxis of the clutch.
We know that. in case of umform wear, the mtenuty of pressure vanes nversely with the distance.
& pr=C(aconstant) or p=C/r
We kmow that the normal force acting on the nng.
6 = Normal pressure = Area of nng = p, = 2nr.dr cosec a
and the axial force actmg on the nog,
SF = 3 = una=p =Inrdrcosec a > umnd



=1g=prdr

- EIHEHr.n*r-EIC.n'r -.[p,-%)
r
2. Total axinl load transmitted £o the clutch,
L
W Lz: Cirm2nC [r]l=2xC (4 =)
W .
- — ... (iiify
of c 2x(n — ) !

We know that fnctional force on the nag achng tangentially at radoas r,
F =pdW =pup =2Ixrdrecoseca

.~ Frictional torque acting on the ning,
I =F =r=jp =Ixrdrcoseca®r
L5
== = = I rdrcosec i = F= 2w p.C cosec & = rdr

Integrating this expression within the hoits from ry to r; for the total fictional torque on the
clotch.
2 Total fnchonal tforque,

T = j::ll.Lf cosar i = Fdr = 2aj O eoses r:l[f-_-l:-I
=

- 2
P S [

Substituting the value of C from equaticn (fi7), we have
(n)? —m:-‘]
3

=

TF=Inpx xmu[

n(n - nl
- HIMEE[%E]-FHME ]

+ 1y
where R = i 5 = hean radios of friction sorface:

Since the normal force acting on the friction surface. W = W cosec . therafore the aquation
(iv) may be written as

T=uw,a )
r=r=buna md Ii$ of r+n=2R
~. From equation (). normal pressure acting on the fncton surface,

w W W
B, = T T . :
xfin) -(ny] xh+n)in-n) 1zRbuma

or Weup =2xRbuna=F una
where W, = Nermal load acting o the fction surface =p, » 2nk b
Now the equation (fv) may be nritten o
T=u(p, «2nR buna)Rcoseca=2npup &b



CENTRIFUGAL CLUTCH

means of springs.

revolving.
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When the centrifugal force is less than the spring force, the shoe remains in the same
position as when the driving shaft was stationary, but when the centrifugal force is equal

to the spring force, the shoe is just floating.

When the centrifugal force exceeds the spring force, the shoe moves outward and comes
into contact with the driven member and presses against it The increase of speed causes
the shoe to press harder and enables more torque to be transmitted.

DESIGN OF A CENTRIFUGAL CLUTCH
* In designing a centrifugal clutch, it is required to determine
V' the weight of the shoe,
v' size of the shoe and
v’ dimensions of the spring.
Mass of the shoes
Consider one shoe of a centrifugal clutch as shown in Figure.
Let m = Mass of each shoe,
n = Number of shoes,
r = Distance of centre of gravity of the shoe from the centre of the spider,
R = Inside radius of the pulley rim,
N = Running speed of the pulley in r.p.m.,
® = Angular running speed of the pulleyinrad /s =2 N/ 60 rad/s,
o; = Angular speed at which the engagement begins to take place, and

It consists of a number of shoes on the inside of a rim of the pulley, as shown in Figure.
The outer surfaces of the shoes are covered with a friction material. These shoes, which
can move radially in guides, are held against the boss (or spider) on the driving shaft by

The springs exert a radially inward force which is assumed constant. The weight of the
shoe, when revolving causes it to exert a radially outward force (i.e. centrifugal force).
The magnitude of this centrifugal force depends upon the speed at which the shoe is

u.w-ﬁ?



p = Coefficient of friction between the shoe and rim.
We know that the centrifugal force acting on each shoe at
the running speed,
.= m.e’.r
Sinee the speed at which the engagement begins to take

place is generally taken as 3/4th of the running speed, therefore
the inward force on each shoe exerted by the spring is given by

oy 1
3 3 i 9 3 | [ |
P = m T r=m|— r=—mu T |
s (@) [4 J 16 f K

. Wet outwrd radial fores (16 centrifugal foree) with which the thoe presses againgt the nm
it thie runisitg epeed

o 3 T 4
w PP o= Wil = — AT = — WA
el 16 16

and the frictional force acting tangentially on each shoe, |
F=p@®.-P)
. Frictional torque acting on each shoe
=FxR=pu(P.—P)R
and total frictional torque transmitted,
T=p(P.—P)R=n=nFR
From this expression, the mass of the shoes (m) may be evaluated.
X, Size of the shoes
Let { = Comtact length of the shoes.
b = Wadth of the shoes,
& = Contact radins of the shoes. It ts same a5 the mside radius of the nm
of the pulley,
8 = Angle subtended by the shoes at the centre of the spider in radsnns, and

= Intensaty of pressure exerfed on the shoe. In order to envure reasonable
life, it may be taken as 0.1 Nime®,

[

i
Wie know thiat ﬂ'—EWr=M=ER {Assumang B =607 =1/ 3 rad)

. Area of contact of the shoe
=1.b
and the force with which the shoe presses agatnst the rim
=4xp=lbhp
Since the force with which the shoe presses against the rim at the runnmg speed is (P - P),
lbp=P-P,
From this expression, the width of shoe () may be obtained.

1, Dimensions of the spring
We have discussed above that the load on the sprng 18 given by

P m gxr.lr.u:!.r
: 16

The dimensions of the spring may be obtained as usnal.



UNIT-6
BRAKES



BRAKES
A brake is a device by means of which artificial frictional resistance is applied to a moving
machine member, in order to retard or stop the motion of a machine. The brake absorbs either
kinetic energy of the moving member or potential energy given up by objects being lowered by
hoists, elevators etc. The energy absorbed by brakes is dissipated in the form of heat. This heat is
dissipated in the surrounding air so that excessive heating of the brake lining does not take place
MATERIALS FOR BRAKE LINING
The material used for the brake lining should have the following characteristics :

e It should have high coefficient of friction with minimum fading.

e [t should have low wear rate.

e It should have high heat resistance.

e It should have high heat dissipation capacity.

e It should have low coefficient of thermal expansion.

e [t should have adequate mechanical strength
TYPES OF BRAKES
The brakes, according to the means used for transforming the energy by the braking element, are
classified as :

1) Hydraulic brakes e.g. pumps or hydrodynamic brake and fluid agitator,

2) Electric brakes e.g. generators and eddy current brakes, and

3) Mechanical brakes.

BAND BRAKE

A band brake consists of a flexible band of leather, one or more ropes, or a steel lined with
friction material, which embraces a part of the circumference of the drum. A band brake, as
shown in Figure below, is called a simple band brake in which one end of the band is attached to
a fixed pin or fulcrum of the lever while the other end is attached to the lever at a distance b from
the fulcrum.
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When a force P is applied to the lever at C, the lever turns about the fulcrum pin O and tightens
the band on the drum and hence the brakes are applied. The friction between the band and the



drum
provides the braking force. The force P on the lever at C may be determined as discussed below:

Let T, = Tension in the tight side of the band.
T, = Tension in the slack side of the band,
6 = Angle of lap (or embrace) of the band on the drum,
1 = Coefficient of friction between the band and the drum,
r = Radius of the drum,
t = Thickness of the band. and
r, = Effective radius of the drum=r+17/2.
‘We know that limiting ratio of the tensions is given by the relation,

;—: NPT — 2.3 log (;—1} =ue
and braking force on the drum
=T—T,
. Braking torque on the drum.,
L, =I,—-T)r ...(Neglecting thickness of band)
=4 L= ¥, ...(Considering thickness of band)

Now considering the equilibrium of the lever OBC. It may be noted that when the drum rotates
in the clockwise direction as shown in Fig. (a), the end of the band attached to the fulcrum O will
be slack with tension T ; and end of the band attached to B will be tight with tension T;. On the
other hand, when the drum rotates in the anticlockwise direction as shown in Fig.(b), the tensions
in the band will reverse, i.e. the end of the band attached to the fulcrum O will be tight with
tension T, and the end of the band attached to B will be slack with tension T,. Now taking
moments about the fulcrum O, we have

Pl =T.b ...(for clockwise rotation of the drum)
and Pl =T,b ...(for anticlockwise rotation of the drum)
where I = Length of the lever from the fulcrum (OC), and

b = Perpendicular distance from O to the line of action of T, or T,.



SHOE BRAKE

A single block or shoe brake is shown in Figure. It consists of a block or shoe which is

pressed against the rim of a revolving brake wheel drum. This type of a brake is commonly used

on railway trains and tram cars.
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The friction between the block and the wheel causes a tangential braking force to act on the
wheel, which retard the rotation of the wheel. The block is pressed against the wheel by a force
applied to one end of a lever to which the block is rigidly fixed
Let P = Force appled al the end of the lever,
R,, = Normal force pressing the brake block on the wheel,
r = Radius of the wheel.
268 = Angle of contact surface of the block.
i = Coefficient of friction, and
F. = Tangential braking force or the fnctional force acting at the contact
surface of the block and the wheel,

If the angle of contact is less than 60°, then it may be assumed that the normal pressure between
the block and the wheel 15 uniform. In such cases, tangential braking force on the wheel,

Fo=uR, ...
and the braking torque, 7, = F. r=pu R,,. r -Afi)

Let us now consider the following three cases :

Case 1. When the line of action of tangential braking force (Ff) passes through the fulcrum O of
the lever, and the brake wheel rotates clockwise as shown in Fig. (a), then for equilibrium, taking
moments about the fulcrum O, we have

P>l
R »xx =Pxl or Ry =
P x

Pl Lr
Braking torque, I, = MRyl = WX ~ X1 = p

X
It may be noted that when the brake wheel rotates anticlockwise as shown in Fig.(b), then the
p.Plr

¥ = Ry = =

braking torque is same, i.e.
Case 2. When the line of action of the tangential braking force (Ff) passes through a distance
‘a’ below the fulcrum O, and the brake wheel rotates clockwise as shown in Fig. 25.2 (a), then



for
equilibrium, taking moments about the fulcrum O
R, *<x+F,=a— Pl

T B2J
or RN)‘I"_HRN"G:RJF e N__-r+l1_a
and braking torque, TB — uRyr = wPir
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() Clockwise rotation of brake wheel. ih) Anticlockwise rotation of brake wheel.
When the brake wheel rotates anticlockwise, as shown in Fig. 25.2 (b), then for equilibrium,
Ryx = Pl+F.a=Pl+pRsa )
o= Pl
el R.(x-pa)=Pl or i
and braking torgue, T, = WRyt = pPlr
T — ja

Case 3. When the line of action of the tangential braking force passes through a distance ‘a’
above the fulcrum, and the brake wheel rotates clockwise as shown in Fig.(a), then for

equilibrium, taking moments about the fulcrum O, we have
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R.x =Pl+F a=Pl+uR a

o Pl
or B lx-pa) =Pl or . Iy e
wPlr
g - WByr =
and braking torque, T, = H T

When the brake wheel rotates anticlockwise as shown in Fig
taking moments about the fulerum O, we have

Rosx+F xa=Pf

Pl
or R.=x+pPR _xa=P o Ry = = 1‘m
_ WPir
and braking torgue, In= MRy r = Y+ |La

Pivoted Block or Shoe Brake

¥

=

Prvated block F;Ir i/

r shioe

When the angle of contact is less than 60°, then it is assumed that the normal pressure between
block and wheel is uniform. But when angle of contact is greater than 60°, then unit pressure
normal to surface of contact is less at ends than at centre. In such cases, block or shoe is pivoted
to lever as shown in Figure, instead of being rigidly attached to lever. This gives uniform wear of
brake lining in direction of applied force. The braking torque for a pivoted block or shoe brake

(i.e. when 20 > 60°)
I, =F xr=pn.K_r

where 1" = Equivalent coefficient of friction =

1 = Actual coefficient of friction.

4 sin B

.
S I

These brakes have more life and may provide a higher braking torque.



Internal Expanding Brake

An internal expanding brake consists of two shoes S1 and S2 as shown in Fig.(a). The outer surface of the shoes are
lined with some friction material to increase the coefficient of friction and to prevent wearing away of the metal.
Each shoe is pivoted at one end about a fixed fulcrum O 1and O2 and made to contact a cam at other end. When cam
rotates, shoes are pushed outwards against the rim of the drum. Friction between the shoes and the drum produces
the braking torque and hence reduces the speed of the drum. Shoes are normally held in off position by a spring as
shown in Fig. (@).The drum encloses the entire mechanism to keep out dust and moisture. This type of brake is
commonly used in motor cars and light trucks.
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Ler b Indernmal expanding brake Ll Forces om an inlerma] expanding brakse
We shall now consider the forces acting on such a brake, when the drum rotates in the
anticlockwise direction as shown in Fig.(). It may be noted that for the anticlockwise direction,
the left hand shoe is known as leading or primary shoe while right hand shoe is known as
trailing or secondary shoe
Consider a small element of the brake lining AC subtending an angle 60 at the centre. Let OA4
makes an angle 6 with OO
Let » = Internal radius of the wheel rim.
b = Width of the brake lining.
p1 = Maximum intensity of normal pressure,
pN = Normal pressure,
F; = Force exerted by the cam on the leading shoe, and
F, = Force exerted by the cam on the trailing shoe.
Shoe turns about O, therefore the rate of wear of the shoe lining at A will be proportional to the
radial displacement of that point. The rate of wear of the shoe lining varies directly as the
perpendicular distance from O; to O4, i.e. O,B. From the geometry of the figure,
O,B = 0O, sin 6
and normal pressure at 4, p;e<sin® or p,=p, sinb
Normal force acting on the element,
OR,; = Normal pressure x Area of the element
=pyu(b.7r.80)=p, sm06 (b.r.d0)

and braking or friction force on the element,



OB = OO, sin ©
and normal pressure at 4, p;esin® or p,,=p, sin6
. Normal force acting on the element,
OR,; = Normal pressure x Area of the element
=pyu(b.7.080)=p sin® (b.r.do0)
and braking or friction force on the element,
OF = WOR,=up,sin O (b.r.d6)
. Braking torque due to the element about O,
8Ty =8F .r=up,sinB (b.r.080)r=pup, b’ (sin 6.50)

and total braking torque about O for whole of one shoe,
GR
T,=MkP br Isi.anB =upb r? [~ cosejgll
6;
=up, br*(cos O, —cosB,)
Moment of normal force 8:RN of the element about the fulcrum O,
8M,, = 8R,, x O,B=3R, (0O, sin 6)
=p,sin 6 (b.r.d0) (00, sinB)=p, sin" 6 (b.r.d8) 00,
Total moment of normal forces about the fulcrum O,
8, o,
M.~ | pisin®0(b.780) 00, =p, .b.r.00; |sin’0de

TG 8,
8- i
— p.b.r.00; | 1(1-cos26)do [ sin?0=1(1-cos20) ]
3 2
sin26 %
=§pl.b.r.ool[e— ]
8,
sin 26,

sin 291]

=%pl_b.r.001[92— -9+

=2p .b.r. 00 [(8, —6)+ 3 (sin26, — sin26,)]

Moment of frictional force 8F about the fulcrum 0,.
M, = 8F x AB =&F (r— 0O, cos 0) ("7 AB=r— 00, cos 6)
=W.p,sin@(b.r.80) (r— 00, cos 0)
=pu.p,.b.r(rsin®- 00, sin 6 cos ) 36

=W.p. b.r (rsjnﬂ — % S]_DZBJ o0 (" 2 5in B cos 6 =sin 20)
-~. Total moment of frictional force about the fulcrum O,
b,

. 00, .
M, = w.p .b.r j(rsmB—TstB)dB



L
- R P Bur —rmsﬂ+%mzﬂ]
i

=p.p.b.r|-rcosh, +%m52ﬂ2 + reosh —%mﬁlﬂl]

- W.p . b.r|r(cos8, - coz8, )+ %I:EDSI‘E] - mslﬁ,]]
Now for leading shoe, taking :mmmfs about the fulcrum 0,
Foul =M - M,
and for matling shoe, taking moments abour the flerum 2.,
Fyal =M +M



NUMERICALS

Figure shows the arrangement of two brake shoes
which act on the internal surface of a cylindrical brake
drum. The braking force FI and F2 are applied as
shown and each
shoe pivots on its fulcrum OI and O2. The width of the
brake lining is 35 mm. The intensity of
pressure at any point A is 0.4 sin 0 N/mm2, where 0 is
measured —as shown from either pivot. The
coefficient of friction is 0.4. Determine the braking All dimensions in mm.
torque and the magnitude of the forces F1 and F2

Solution. Given : »=35mm ; u=04;r=150 mm ; /=200 mm ; 8, =25°; 0, = 125°

Since the intensity of normal pressure at any point is 0.4 sin 8 N/mm?, therefore maximum
intensity of normal pressure,

P, = 0.4N/mm’
We know that the braking torque for one shoe,
= u.p,.b.1r*(cos 8, —cos 8,)
0.4 x 0.4 < 35 (150)2 (cos 25° — cos 125°)
126 000 (0.9063 + 0.5736) = 186 470 N-mm
.. Total braking torque for two shoes,
T, = 2x186470=372 940 N-mm
Magnitude of the forces F L, and F,
From the geomeitry of the figure, we find that

O, B 100
= = =110.3 mm
Lo cos25° 0.9063
'Bl = 25°=25 =1/ 180 =0.436 rad
and 'E)2 = 125°=125=x 1/ 180=2.18 rad
We know that the total moment of normal forces about the fulcrum O,
M, = 1 p .b.r. .00 [(8; —8;)+ % (sin 268, — sin26,)]

= %x 0.4 x 35X 150 X 110.3 [(2.18 — 0.436) + 1 (sin50° — sin250°) ]

1
= 115815 |:1.744 A (0.766 + 0.9397]] = 300 754 N-mm

and total moment of friction force about the fulcrum O,,

M;=WH.p-b.r |:1' (cos®; —cos0,) + O? (cos28, — cos26, )]

11
= 0.4x0.4x35x150 [150 (cos25° — cos1259) + (cos250° — cos 5{)"]]

= 840 [150 (0.9063 + 0.5736) + 27.6 (— 0.342 — 0.6428)]
= 840 (222 —27) =163 800 N-mm
For the leading shoe. taking moments about the fulcrum O,

Fi =l = M, —M_
or F, *x200 = 300754— 163 800= 136 954
F, = 136 954/200=685N Ans.
For the trailing shoe, taking moments about the fulcrum O,
F,x1 = M, + M
or F, x 200 = 300754 + 163 800 =464 554

F, 464 554/ 200=2323 N Ans.



