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Belt and rope drives
The belts and ropes are used to transmit power from one shaft to another by means of pulleys

which rotate at the same speed or at different speeds. The amount of power transmitted depends
upon the following factors :

1. The velocity of the belt.

2. The tension under which the belt is placed on the pulleys.

3. The arc of contact between the belt and the smaller pulley.

4. The conditions under which the belt is used.

Types of Belt Drives

The belt drives are usually classified into the following three groups:

1. Light drives. These are used to transmit small powers at belt speeds upto about 10 m/s as in
agricultural machines and small machine tools.

2. Medium drives. These are used to transmit medium powers at belt speeds over 10 m/s but up
to 22 m/s, as in machine tools.

3. Heavy drives. These are used to transmit large powers at belt speeds above 22 m/s as in
compressors and generators

Types of Belts

Though there are many types of belts used these days, yet the following are important from the
subject point of view:

1. Flat belt. The flat belt as shown in Fig. (a), is mostly used in the factories and workshops,
where a moderate amount of power is to be transmitted, from one pulley to another when the two

pulleys are not more than 8 metres apart

;‘L'—beh

M

Flat belt

(&) Flat belt. {0) V-belt
2. V- belt. The V-belt as shown in Fig.(b), is mostly used in the factories and workshops, where a

great amount of power is to be transmitted, from one pulley to another, when the two pulleys are

very near to each other.



3. Circular belt or rope. The circular belt or rope as shown in Fig. (c¢) is mostly used in the
factories and workshops, where a great amount of power is to be transmitted, from one pulley to

another, when the two pulleys are more than 8 metres apart.

Types of Flat Belt Drives

The power from one pulley to another may be transmitted by any of the following types of belt drives.
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An open belt drive is used to rotate the driven pulley in the same direction of driving pulley. In
the motion of belt drive, power transmission results make one side of pulley more tightened
compared to the other side. In horizontal drives, tightened side is always kept on the lower side
of two pulleys because the sag of the upper side slightly increases the angle of folding of the belt
on the two pulleys.

A crossed belt drive is used to rotate driven pulley in the opposite direction of driving pulley.
Higher the value of wrap enables more power can be transmitted than an open belt drive.
However, bending and wear of the belt are important concerns.
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A compound belt drive, is used when power is transmitted from one shaft to another through a
number of pulleys.

Slip of the Belt

In the previous articles we have discussed the motion of belts and pulleys assuming a firm
frictional grip between the belts and the pulleys. But sometimes, the frictional grip becomes
insufficient. This may cause some forward motion of the driver without carrying the belt with it.
This is called slip of the belt and is generally expressed as a percentage
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Creep of Belt

When the belt passes from the slack side to the tight side, a certain portion of the belt extends
and it contracts again when the belt passes from the tight side to the slack side. Due to these
changes of length, there is a relative motion between the belt and the pulley surfaces. This
relative motion is termed as creep.
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o, and 0, = Stress in the belt on the tight and slack side respectively, and
E = Young's modulus for the material of the belt.

Selection of a Belt Drive

Following are the various important factors upon which the selection of a belt drive depends:
1. Speed of the driving and driven shafts, 2. Speed reduction ratio,

3. Power to be transmitted, 4. Centre distance between the shafts,

5. Positive drive requirements, 6. Shafts layout,

7. Space available,



Design of flat belt

Length of an Open Belt Drive
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Power Transmitted by a Belt

The driving pulley (or driver) 4 and the driven pulley (or follower) B. As already discussed, the
driving pulley pulls the belt from one side and delivers it to the other side. It is thus obvious that
the tension on the former side (i.e. tight side) will be greater than the latter side
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Let I, and T, = Tensions in the tight side and slack side of the belt respectively in
newtons,
r, and r, = Radii of the driving and driven pulleys respectively in metres,
and v = Velocity of the belt in m/s.

The effective turming (driving) force at the circumference of the driven pulley or follower is the
difference between the two tensions (i.e. I, — T,).

. Work done per second = (I, — I) v N-m/s
and power transmitted = (I, - T,) v W (v 1 Nmfs = 1W)

Ratio of Driving Tensions for Flat Belt Drive

23 log {i—l) — 10

2

Centrifugal Tension

Since the belt continuously runs over the pulleys, therefore, some centrifugal force is caused, whose effect
is to increase the tension on both the tight as well as the slack sides. The tension caused by centrifugal force is called

centrifugal tension.
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Maximum Tension in the Belt

Let 6 = Maximum safe stress, b = Width of the belt, and
t = Thickness of the belt.
We know that the maximum tension in the belt,7’ _'E;%

= Maximum stress x Cross-sectional area of belt = ¢.b.1
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When centrifugal tension is neglected, then Ry~ / 7

T (or T)) = T}, i.e. Tension in the tight side of the belt. riiiis f:?{

When centrifugal tension is considered, then 7 (or 7,) = 77 + \‘(2}"\4“‘% """i'if”“"“d
T pulley
Condition for the Transmission of Maximum Power

T-31.=0 or T=3I_ e (e mA?r=T7)
It shows that when the power transmitted is maximum, 1/3rd of the maximum tension is
absorbed as centrifugal tension.

i. Arc of contact

Open belt drive 8 = 180° — £~ gge

Cross belt drive & = 18B0° + U':--‘) 60°

DESIGN PROCEDURE

From the given conditions like power, type of working conditions, diameters of pulleys, speed
ratio etc, determine maximum power
1.Design power = rated power x service factor x arc of contact factor

Select service factor based on nature of load and applications from PSG data book
2.Decide the type of belt
3.Then calculate the belt rating
4.Find the reqired width by design power by belt capacity and adopt the standard available
5.Determine the length of belt based on type of drive and reduce certain amount length
6.Find out the pulley dimension and draw the arrangement of belt drive.



V BELTS

V-belt is mostly used in factories and workshops where a great amount of power is to be
transmitted from one pulley to another when the two pulleys are very near to each other. The V-
belts are made of fabric and cords moulded in rubber and covered with fabric and rubber

Ratio of Driving Tensions for V-belt

Let R, = Normal reactions between belts and sides of the groove.
R = Total reaction in the plane of the groove.

p = Coefficient of friction between the belt and sides of the
groove.

Resolving the reactions vertically to the groove, we have
R=Rsin B+ R;sin 3= 2R, sin “ 7
Rope Drives \‘(E—H“H V-grooved
The rope drives are widely used where a large amount of power is pulley

to be transmitted, from one
pulley to another, over a considerable distance. It may be noted that the use of flat belts is limited

for the transmission of moderate power from one pulley to another when the two pulleys are not
more than 8 metres apart. If large amounts of power are to be transmitted, by the flat belt, then it
would result in excessive belt cross-section.The ropes drives use the following two types of
ropes :

1. Fibre ropes, and 2. Wire ropes.

Fibre Ropes

The ropes for transmitting power are usually made from fibrous materials such as hemp, manila
and cotton. Since the hemp and manila fibres are rough, therefore the ropes made from these
fibres are not very flexible and possesses poor mechanical properties. The hemp ropes have less
strength as compared to manila ropes. When the hemp and manila ropes are bent over the sheave,
there is some sliding of the fibres, causing the rope to wear and chafe internally. In order to
minimise this defect, the rope fibres are lubricated with a tar, tallow or graphite.

Ratio of Driving Tensions for Fibre Rope

I
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where w. 8 and B have usual meanings.

Wire Ropes

When a large amount of power is to be transmitted over long distances from one pulley to
another (i.e. when the pulleys are upto 150 metres apart), then wire ropes are used. The wire
ropes are widely used in elevators, mine hoists, cranes, conveyors, hauling devices and
suspension bridges.

Designation of Wire Ropes



The wire ropes are designated by the number of strands and the number of wires in each strand.
For example, a wire rope having six strands and seven wires in each strand is designated by 6 x 7
Designing a Wire Rope

The following procedure may be followed while designing a wire rope.
1. First of all, select a suitable type of rope from Tables 20.6, 20.7, 20.8 and 20.9 for the given
application.

2. Find the design load by assuming a factor of safety 2 to 2.5 times the factor of safety given in
Table.

3. Find the diameter of wire rope (d) by equating the tensile strength of the rope selected to the
design load.

4. Find the diameter of the wire (dw) and area of the rope (A4) from.

5. Find the various stresses (or loads) in the rope.

6. Find the effective stresses (or loads) during normal working, during starting and during
acceleration of the load.

7. Now find the actual factor of safety and compare with the factor of safety given in Table. If
the actual factor of safety is within permissible limits, then the design is safe.
Stresses in Wire Ropes

1. Direct siress due to axial Ioad lified and weight of the rope
Let W = Load lifted,
w = Weight of the rope, and
A = Net cross-sectional area of the rope.
W +w
A
2. Bending stress when the rope winds round the sheave or drum. When a wire rope is wound
over the sheave, then the bending stresses are induced in the wire which is tensile at the top and
compressive at the lower side of the wire. The bending stress induced depends upon many factors
such as construction of rope, size of wire, type of centre and the amount of restraint in the grooves.
The approximate value of the bending stress in the wire as propesed by Eeuleaux, 1s

- Direct stress, o, =

E xd,
o=
' D
and equivalent bending load on the rope,
W, = beA:Erxdk.x.d
D
where E_ = Modulus of elasticity of the wire rope,

d,. = Diameter of the wire,
D = Diameter of the sheave or drum, and
A4 = Net cross-sectional area of the rope.

3. Stresses during starting and stopping. During starting and stopping, the rope and the
supported load are to be accelerated. This induces additional load in the rope which 1s given by

Woaw
W, = = xa (¥ and w are in newton)
and the corresponding siress,
W4+w a
o= X —




Fre

4. Stress due to change in speed. The additional stress due to change in speed may be obtained
in the similar way as discussed above in which the acceleration is given by

a=(w—v)ilt

where (v, —v; } 1s the change in speed in m/s and 7 is the time in seconds.



Design of Pulleys
1. Dimensions of pulley
{#) The diameter of the pulley (D) may be obtained either from velocity ratio consideration or
centrifingal stress consideration. We know that the centrifugal stress induced in the nm of the pulley,

bl
G, = pV

where p = Density of the nm material
= 7200 kg/m? for cast iron
v = Velocity of the im=nDN / 60, D being the diameter of pulley and

N 15 speed of the pulley.

The following are the diameter of pulleys in mm for flat and F-belts.

20,22 25 28, 32 36, 40.45 50, 56,6371, 80. 90, 100, 112_125 140, 160, 180, 200, 224
250, 280, 315, 355, 400. 450, 500, 560, 630, 710. 300, 900, 1000, 1120, 1250, 1400, 1600. 1800,
2000, 2240, 2500. 2800, 3150, 3550. 4000, 5000, 5400.

The first six sizes (20 to 36 mm) are used for F-belts only.

(i) If the width of the belt is known, then width of the pulley or face of the pulley (B 1s taken
25% grearer than the width of belt.

B = 125 b ; where b="Width of belt.
Acr:mdmgtn Indian Standards, IS : 2122 (PartI) — 1973 (Reaffirmed 1990). the width of pulley
The following are the width of flat cast iron and mild steel pulleys in mm :

16,20, 25, 32,40, 50, 63, 71, 80,90, 100, 112, 125, 140, 160, 180, 200, 224, 250, 315, 355,
400, 450. 560, 630.

(iii) The thickmess of the pulley nnm (f) varies from % +2 mm to %* 3 mm for single belt

and T’E%-ﬂ. + 6 mm for double belt. The diameter of the pulley (D) 15 in mm.

2. Dimensions of arms

() The number of arms may be taken as 4 for pulley diameter from 200 mm to 600 mm and &6 for
diameter from 600 mm to 1500 mm.

(ii) The cross-section of the arms is usually elliptical with major axis (g,) equal to twice the
minor axis (b;). The cross-section of the arm is obtained by considering the arm as canfilever ie.
fixed at the hub end and carrying a concentrated load at the rim end. The length of the cantilever is
taken equal to the radms of the pulley. It is fiwther assumed that at any given time, the power is
transmitted from the hub to the im or vice versa, through only half the total number of arms.

Let I = Torque transmitted,

R = Radms of pulley, and
n = Number of arms,
. Tangential load per arm,
i - £ s
Pr =Rxni2 = Rn
Maximum bending moment on the arm at the hub end,

27 g 2T
M = Rxn T om
and section modulus,
Z = 5xb @)

Now using the relation,



0,

O[O, = M/ Z the cross-section of the arms 15

obtained.
(i) The arms are tapered from hub to rim. The taper is usually
1/48 to 1/32.
(i) When the width of the pulley exceeds the diameter of the pulley, then two rows of arms are
provided, as shown in Fig. This is done to avoid heavy amms in one row.
3. Dimensions of hub

(7) The diameter of the hub ( 4, ) in terms of shaft diameter ( ¢ ) may be fixed by the following
relation -

d = 15d+25mm
The diameter of the b should not be greater than 2 4.
(ii} The length of the hub,
T
L = E wd

4
The minimum length of the hub 15 %- B but it should not be more than width of the pulley (B).



Chain Drives

To avoid slipping, steel chains are used. The chains are made up of number of rigid links which
are hinged together by pin joints in order to provide the necessary flexibility for wraping round

the driving and driven wheels. These wheels
have projecting teeth of special profile and
fit into the corresponding recesses in the
links of the chain. The toothed wheels are
known as *sprocket wheels or simply
sprockets. The sprockets and the chain are
thus constrained to move together without
slipping and ensures perfect velocity ratio
Relation Between Pitch and Pitch Circle
Diameter

A chain wrapped round the sprocket is
shown in Fig.. Since the links of the chain
are rigid, therefore pitch of the chain does
not lie on the arc of the pitch circle. The

Hinge Centre

Chain roller

" e

/«ﬂl— Sprocket

pitch length becomes a chord. Consider one pitch length AB of the chain subtending an angle 0 at

the centre of sprocket (or pitch circle),

Let D = Diameter of the pitch circle. and
T = MNumber of teeth on the sprocket.

From Fig_ 212 we find that pitch of the cham,

2]
p=48=24 Gs.i.ﬂ.[

We kmow that 8= %
(360°
p=Dsmn [ﬁ] =Dsmn [
180°
o D =pcosec | —7

(8) (92 (2

180°
T

The sprocket ontside diameter (D), for satisfactory operation is given by

D,=D+084d,



Velocity Ratio of Chain Drives
The velocity ratio of a chain drive 15 given by

—_ N T,
=N &
where N, = Speed of rotation of smaller sprocketin £pm..

N, = Speed of rotation of larger sprocketinrpm .,
I, = Number of teeth on the smaller sprocket. and
T, = Number of teeth on the larger sprocket.

The average velocity of the chain 15 given by

_nDN TIpN
60 60
where D = Pitch circle diameter of the sprocket in metres, and

p = Pitch of the chain in mefres.

These chains are used for transmission of power, when the distance between the centres of shafts is short. These
chains have provision for efficient lubrication. The power transmitting chains

are of the following three types.
1. Block or bush chain. A block or bush chain is shown in Fig.. This type of chain was used in the early stages of

development in the power transmission.

o F= = = = b
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It produces noise when approaching or leaving the teeth of the sprocket because of rubbing between the teeth and
the links. Such type of chains are used to some extent as conveyor chain at small speed.

2. Bush roller chain. A bush roller chain as shown in Fig. 21.7, consists of outer plates or pin link plates, inner
plates or roller link plates, pins, bushes and rollers. A pin passes through the bush which is secured in the holes of
the roller between the two sides of the chain. The rollers are free to rotate on the bush which protect the sprocket
wheel teeth against wear. The pins, bushes and rollers are made of alloy steel.
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Factor of Safety for Chain Drives

The factor of safety for chain drives is defined as the ratio of the breaking strength (WB ) of the
chain to the total load on the driving side of the chain ( ). Mathematically,



;
Factor of safery = %

The breaking strength of the chain may be obtained by the following empirical relations, f.e.
¥, = 106 p* (i newtons) for roller chains
= 106 p (in newtons) per mm width of chain for silent chains.

We know that the tangential driving force acting on the chain,

Power transmitted {in watts) P

F. = e == (i y
¥ Speed of chain inm/s v Snzewins)
Centrifugal tension in the chain,

F. = m? {in newtons)
| tengion in the chain due to sagging,
F, = kmg.x (in newtons)



Length of Chain and Centre Distance

- Larger sprocket
B

= i

| f/ l "\.L II'/ | \
= = IHI =

1
W/ U =
=
smaller spmcket—I/ =

__+__'FE;T___ il

T, = Number of teeth on the smaller sprocket,

T, = Number of teeth on the larger sprocket,
p = Pitch of the chain, and
x = Centre distance.

The length of the chain (L) must be equal to the product of the number of chain links (K) and the
pitch of the chain ( p). Mathematically.

L=Kp
The number of chain links may be obtained from the following expression. i e.
4L 2x |E-4Z| p
eyt e [ 2n ] x
The value of K as obtained from the above expression must be approximated to the nearest even
number

Let

The centre distance is given by

L+5% L+LY (L-1Y
N oEe
Power Transmitted by Chains

L he power transmitied DY the cham On the basis of breaking load 15 g1ven by
W xv
7 x K (1n watts)
W, = Breaking load in newtons,
v = Velocity of chain in m/s
n = Factor of safety, and
K, = Service factor =K, K, K,
The power transmitted by the chain on the basis of bearing stress is given by
G, XAxvy
= __Ks.

P =

where



The service factor (K,) 15 the product of various factors, such as load factor (X)), lubrication
factor (K,) and rating factor (K). The values of these factors are taken as follows:

1. Load factor (X)) = 1, for constant load
=1.25. for variable load with mild shock
=15, for heavy shock loads
2. Lubrication factor (£,)= 0.8, for continuous lubrication
= 1. for drop lubrication
= 1.5, for penodic lubnication
3. Rating factor (K,) = 1. for 8§ hours per day
=1.25, for 16 hours per day
= 1.5, for continuous service

Principal Dimensions of Tooth Profile
1. Tooth flank radins (r,)

= 0.008 d, (T* + 180) . {Maxinmm)
=012 d, (T +2) . (Mmoo
where d; = Roller diameter, and

T = Number of teeth.
2. Roller seating radius (1)

= 0.505 d, + 0.069 3fd; ...{Maxinmm)
= 0505 d, - (Miindomin)
3. Foller seating angle (o ) _
= 1407 — 9?. .{Maxinmnum)
a0
= 1207 - T (Mmoo}
4. Tooth height above the pitch polygon (h_}
08
—0.625p - 05d,+ ?p e
=053(p—d) - (Mininmmy
5. Pitch circle diameter (DY)
- —say = oo ()
sin |
6. Top diameter (D)
=D+125p—d,
—vVIaxuann )
1.6
=”_P[1 == ?) =
o (vIrmimizn)

7. Root diameter {D;;
=D -2,

8. Tooth width (B,)
=093 5, when p < 12 .7 mm
=095 5, when p = 12.7 mm



Design Procedure of Chain Drive

The chain drive is designed as discussed below:

e Gl el

w

10.
11.

First of all, determine the velocity ratio of the chain drive.
Select the minimum numiber of teeth on the smaller sprocket or pinion from Table
Find the number of teeth on the larger sprocket
Determine the design power by using the service factor, such that
Design power = Rated power % Service factor
Choaose the type of chain, number of strands for the design power and cp.m_ of the smaller
sprocket from Table

. Note down the parameters of the chain. such as pitch, roller diameter, minimum width of

roller etc. from Table
Find pitch circle diameters and pitch line velociiy of the smaller sprocket.

. Determine the load (F) on the chain by using the following relation, .e.

_ Rated power

~ Pitch line velocity
Calculate the factor of safety by dividing the breaking load (#7}) to the load on the chain
{ W). This value of factor of safety should be greater than the value given in Table
Fix the centre distance between the sprockets.

Determine the length of the chain




Gear Drives

The slipping of a belt or rope is a common phenomenon, in the transmission of motion or power
between two shafts. The effect of slipping is to reduce the velocity ratio of the system. In
precision machines, in which a definite velocity ratio is of importance (as in watch mechanism),
the only positive drive is by gears or toothed wheels. A gear drive is also provided, when the
distance between the driver and the follower is very small

Classification of Gears

The gears or toothed wheels may be classified as follows :

1. According to the position of axes of the shafts. The axes of the two shafts between which the
motion is to be transmitted, may be (a) Parallel, (b) Intersecting, and (¢) Non-intersecting and
non-parallel.

The two parallel and co-planar shafts connected by the gears is shown in Fig. These gears are
called spur gears and the arrangement is known as spur gearing. These gears have teeth parallel
to the axis of the wheel as shown in Fig. Another name given to the spur gearing is helical
gearing, in which the teeth are inclined to the axis. The single and double helical gears
connecting parallel shafts are shown in Fig. (@) and (b) respectively. The object of the double
helical gear is to balance out the end thrusts that are induced in single helical gears when
transmitting load. The double helical gears are known as herringbone gears. A pair of spur gears
are kinematically equivalent to a pair of cylindrical discs, keyed to a parallel shaft having line
contact. The two non-parallel or intersecting, but coplaner shafts connected by gears is shown in
Fig. (¢). These gears are called bevel gears and the arrangement is known as bevel gearing. The
bevel gears, like spur gears may also have their teeth inclined to the face of the bevel, in
which case they are known as helical bevel gears.
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@) Single helical (&) Double helical () Bevel gear. {d) Spiral gear.

St gear.
The two non-intersecting and non-parallel i.e. non-coplanar shafts connected by gears is shown
in Fig. (d). These gears are called skew bevel gears or spiral gears and the arrangement is
known as skew bevel gearing or spiral gearing. This type of gearing also have a line contact, the
rotation of which about the axes generates the two pitch surfaces known as hyperboloids.

Terms used in Gears

1. Pitch circle. 1t is an imaginary circle which by pure rolling action, would give the same
motion as the actual gear.



2. Pitch circle diagmeter. It 1s the diameter of the pitch circle. The size of the gear is usually
specified by the pitch circle diameter. It 15 also called as pirch digmerer.

3. Pitch point. It is a3 common point of contact between two piich circles.

4. Pirch surface. It is the surface of the rolling discs which the meshing gears have replaced at
the pitch circle.

5. Pressure angle or angle of obliguity. It is the angle between the common normal to Two gear
teeth at the point of contact and the common tangent at the pitch point. It 15 usually denoted by ¢ The
standard pressure angles are 14%-° and 20°.

6. Addendum. It is the radial distance of a tooth from the pitch circle to the top of the tooth.

7. Dedendum . It is the radial distance of a tooth from the pitch circle to the bottom of the tooth.

8. dddendum circle. It 1s the circle drawn through the top of the teeth and 1s conceamc with the
pitch circle.

9. Dedendnm circle. It 1s the circle drawn through the bottom of the teeth It 1s also called roor
circle.

Note : Root circle diameter = Pitch circle diameter * cos &, where ¢ is the pressure angle.

10. Circular pitch. It is the distance measured on the circumference of the pitch circle from
a point of one tooth to the corresponding point on the next tooth It is usually denoted by p_
Mathematically,

Circular pitch.,  p_ = DIT
where D = Dnameter of the pitch circle, and
I = Number of teeth on the wheel.
A Iittle consideration will show that the two gears will mesh together correctly. if the two wheels
have the same circular pitch.
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11. Diametral pitch. It 1s the ratio of number of teeth to the pitch circle diameter in millimetres.
It denoted by p . Mathematically,

) ) I = . ool bt
Diametral pitch, p, = D o ( s =
where T = Number of teeth, and

D = Pitch circle diameter.

12. Module. It 15 the ratio of the pitch circle diameter in millimetres to the number of teeth Itis
usually denoted by m. Mathematically,

Module,. m =D/ T

Note : The recommended series of modules in Indian Standard are 1, 1.25, 1.5, 2. 25,3, 4,5, 6.8, 10, 12,16,
20, 25, 32_ 40 and 50.

The modules 1. 125, 1375, 1.75, 225,275, 35, 4555, 7.9 11, 14, I8, 22 28 36 and 45 are of second
choice.

13. Clearance. It 1s the radial distance from the top of the tooth to the bottom of the tooth, ina
meshing gear. A circle passing through the top of the meshing gear is known as clearance circle.

14. Toral depth. It is the radial distance between the addendum and the dedendum circle of a
gear. It 15 equal to the sum of the addendum and dedendum-

15. Working depih. It 1s radial distance from the addendum circle to the clearance circle. Itis
equal to the sum of the addendum of the two meshing gears.

16. Tooth thickmness. It is the width of the tooth measured along the pitch circle.

17. Teoth space. It is the width of space between the two adjacent teeth measured along the
pitch circle.

18. Backlash. It is the difference between the tooth space and the tooth thickness. as measured
on the pitch circle.

Dynamic Tooth Load

In the previous article, the velocity factor was used to make approximate allowance for the effect of dynamic
loading. The dynamic loads are due to the following reasons :

1. Inaccuracies of tooth spacing,

2. Irregularities in tooth profiles, and

3. Deflections of teeth under load



A closer approximation to the actual conditions may be made by the use of equations based on
extensive series of tests, as follows :

Wp = W+ W
where W, = Total dynamic load,

W, = Steady load due to transmitted torque, and
W = Increment load due to dynamic action.
The increment load (W) depends upon the pitch line velocity. the face width, matenal of the
gears. the accuracy of cut and the tangential load. For average conditions, the dynamic load is
determined by using the following Buckingham equation, i.e.
21v (8.C + F:)

21v + ,[bC + W,
= Total dynamic load in newtons,

W, =Wy + Wy =Wy +

)

where W’D

W. = Steady transmitted load in newtons,
v = Pitch line velocity in m/s,
b = Facewidth of gears in mm_ and
C = A deformation or dynamic factor in N/mm_

Static Tooth Load

The static fooith load (also called beam strengith ot endurance sirength of the tooth) 1s obtained
by Lewis formula by substituting flexural endurance hmit or elastic limit stress (o,) in place of
permissible working stress (@, ).

*. Static tooth load or beam strength of the tooth,
FF:E_ =o bpy=oc brmy
Wear Tooth Load
The maximum load that gear teeth can carry, without prematare wear, depends upon the radii of
curvature of the tooth profiles and on the elasticity and surface fatigue limits of the matenials. The
maximum or the imiting load for satisfactory wear of gear teeth, 15 obtained by using the following
Buckingham equation, i.e.
W, =D,bOK
where W, = Maximum or limiting load for wear in newtons,
D, = Pitch circle diameter of the pinion in mm._
b = Face width of the pinion in mm_
¢ = Ratio factor
2xVR _ 21g
FR+1 To+Te
2xVR _ 215 )
~ TR -1 7T for internal gears.
VR = Velocityratio=T7_/ T,
K = Load-stress factor (also known as material combination factor) m
Mfmm2

- for external gears

The load stress factor depends upon the maximum fatigue limit of compressive siress, the pressure
angle and the modulus of elasticity of the materials of the gears. Accordmg to Buckingham, the load
stress factor 1s given by the following relation -

r_ GeXsmer1 1
1.4 Ep Eg
where o_ = Surface endurance limit in MPa or N/oum?>,

=
¢ = Pressure angle.

E, = Young's modulus for the material of the pinion in N/mm?, and
E. = Young's modulus for the material of the gear in N/mm~.

Gear Tooth Failure The different modes of failure of gear teeth and their possible remedies to

avoid the failure, are as follows :



1. Bending failure. Every gear tooth acts as a cantilever. If the total repetitive dynamic load
acting on the gear tooth is greater than the beam strength of the gear tooth, then the gear tooth
will fail in bending, i.e. the gear tooth will break. In order to avoid such failure, the module and
face width of the gear is adjusted so that the beam strength is greater than the dynamic load.
2. Pitting. It is the surface fatigue failure which occurs due to many repetition of Hertz contact
stresses. The failure occurs when the surface contact stresses are higher than the endurance limit
of the material. The failure starts with the formation of pits which continue to grow resulting in
the rupture of the tooth surface. In order to avoid the pitting, the dynamic load between the gear
tooth should be less than the wear strength of the gear tooth.

3. Scoring. The excessive heat is generated when there is an excessive surface pressure, high
speed or supply of lubricant fails. It is a stick-slip phenomenon in which alternate shearing and
welding takes place rapidly at high spots. This type of failure can be avoided by properly
designing the parameters such as speed, pressure and proper flow of the lubricant, so that the
temperature at the rubbing faces is within the permissible limits.

4. Abrasive wear. The foreign particles in the lubricants such as dirt, dust or burr enter between
the tooth and damage the form of tooth. This type of failure can be avoided by providing filters
for the lubricating oil or by using high viscosity lubricant oil which enables the formation of
thicker oil film and hence permits easy passage of such particles without damaging the gear
surface.

5. Corrosive wear. The corrosion of the tooth surfaces is mainly caused due to the presence of
corrosive elements such as additives present in the lubricating oils. In order to avoid this type of

wear, proper anti-corrosive additives should be used.



Design Procedure for Spur Gears
1. First of all, the design tangental tooth load 1s obtained from the power transmitted and the
pitch line velocity by using the following relation :

P
W, = 7): Ce 1)
where W, = Permissible tangential tooth load in newtons,
P = Power transmitted in watts,
nDN

*y = Pitch line velocityinm /5 = 50

D = Pitch circle diameter in metres.

1. Apply the Lewis equation as follows -
W,.=0c bp y=0 _brmy
=(o,.C)brmy
(i) The product (o = 1) is called strength factor of the gear
(v) The face width (b) may be taken as 3 p_ to 4 p_(or 9.5 m to 12.5 m) for cut teethand 2 p_to 3 p,

(o 6.5 m to 9.5 m) for cast teeth.
3. Calculate the dynamic load (W) on the tooth by using Buckingham equation, 7.e.

WD = Wr"’ FFI
2lv (BC + )

21v +4fb.C + Py
In calculating the dynamic load (W), the value of tangential load (W) may be calculated by

neglecting the service factor (Co) i.e.
W =P/v.where Pisinwatts and vinm / s.

4. Find the static tooth load (7.e. beam strength or the endurance strength of the tooth) by using
the relation.

S i et R

W, =a bp y=a bnmy
For safety against breakage, W, should be greater than W,
5. Finally, find the wear tooth load by using the relation,
W, =D,bOK
The wear load (W ) should not be less than the dynamic load (W)



A helical gear has teeth in form of helix around the gear. Two such gears may be used to connect two parallel
shafts in place of spur gears. The helixes may be right handed on one gear and left handed on the other

Terms used in Helical Gears

1. Helix angle. 1t is a constant angle made by the helices with the axis of rotation.

2. Axial pitch. 1t is the distance, parallel to the axis, between similar faces of adjacent teeth. It is
the same as circular pitch and is therefore denoted by pc. The axial pitch may also be defined as
the circular pitch in the plane of rotation or the diametral plane.

3. Normal pitch. 1t is the distance between similar faces of adjacent teeth along a helix on the
pitch cylinders normal to the teeth. It is denoted by pN. The normal pitch may also be defined as
the circular pitch in the normal plane which is a plane perpendicular to the teeth. Mathematically,
normal pitch, pN = pc cos a

Proportions for Helical Gears

Though the proportions for helical gears are not standardised, yet the following are recommended
by American Gear Manufacturer's Association (AGMA).

Pressure angle m the plane of rotation,
& = 15° to 25°

Helix angle, o = 20" to 45°
Addendum = 0.8 m (Maximum)
Dedendum = 1 m (Minimum)
Miniroum total depth =18m

Minimum clearance =02m

Thickness of tooth =15708 m
Strength of Helical Gears

In helical gears, the contact between mating teeth is gradual, starting at one end and moving
along the teeth so that at any instant the line of contact runs diagonally across the teeth. Therefore in
order to find the strength of helical gears, a modified Lewis equation 1s used. It is given by

Wr=(o,*xClbmmy’
where W, = Tangential tooth load,
o, = Allowable static stress,
C = Velocity factor,
b = Facewidth,
m = Module, and

¥" = Tooth form factor or Lewis factor comresponding to the formative
or virtual or equivalent number of teeth.



Bevel Gears

The bevel gears are used for transmitting power at a constant velocity ratio between two shafts
whose axes
intersect at a certain angle.

Classification of Bevel Gears

The bevel gears may be classified into the following types, depending upon the angles between
the shafts and the pitch surfaces.

1. Mitre gears. When equal bevel gears (having equal teeth and equal pitch angles) connect two
shafts whose axes intersect at right angle, as shown in Fig. 30.2 (a), then they are known as mitre

gears.
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(@} Mitre gears. (B) Crown bevel gear.
2. Angular bevel gears. When the bevel gears connect two shafts whose axes intersect at an
angle other than a right angle, then they are known as angular bevel gears.
3. Crown bevel gears. When the bevel gears connect two shafts whose axes intersect at an angle
greater than a right angle and one of the bevel gears has a pitch angle of 90°, then it is known as a
crown gear. The crown gear corresponds to a rack in spur gearing

4. Internal bevel gears. When the teeth on the bevel gear are cut on the inside of the pitch cone,

then they are known as internal bevel gears.

Terms used in Bevel Gears

PFitch cone

Cone distance

Cone centre

o T I' % g
~ =
Fiy, . Eﬂ;\ ] \/“?\Lch:ar.nu.::
% | Gear = 1
4, ] # Ry
- s - B
1 (< >
T ,-)1'] /
~
S | 2

~ i
-
Back cone L

~



1, Pitch cone. It is a cone confaiming the pitch elements of the teeth.

2. Cone cenire. It 1s the apex of the pitch cone It may be defined as that point where the axes of
two manng gears intersect each other.

3. Pitch angle. It is the angle made by the pitch line with the axis of the shaft Itis denoted by "8,
4, Cone distance. It is the length of the pitch cone element. It 15 also called as a pitch cone
radins. It 1s denoted by "OF". Mathematically, cone distance or pitch cone radius,
Pitch radius _ D, /2 D /2
G_P LAL] — = — e
sin By sin By,  sin Bp,
5. Addendum angle. It is the angle subtended by the addendum of the tooth at ‘the cone centre,
It is denoted by "o’ Mathematically, addendum angle,

L
oP

where a = Addendum, and OF = Cone distance.

6. Dedendum angle. It is the angle subtended by the dedendum of the tooth at the cone centre.
It is denoted by “B°. Mathematically, dedendum angle.

a
=g
B = tan [OP]
where d = Dedendum. and OP = Cone distance.

7. Face angle. It is the angle subtended by the face of the tooth at the cone centre Tt is denoted
by “§°. The face angle 15 equal to the pitch angle plis addendum angle.

8. Root angle. It 1s the angle subtended by the root of the tooth at the cone centre. It 1s denoted
by “8g . It is equal to the pitch angle minus dedendum angle.

0. Back {or mermal) cone. It 1s an imaginary cone, perpendicular to the pitch cone at the end of
the tooth.

10. Back cone distance. It is the length of the back cone. It 1s denoted by "R It is also called
back cone radius.

11. Backing. It 15 the distance of the pitch point (P) from the back of the boss, parallel to the
pitch point of the gear. It is denoted by “B°.

12. Crown height. It is the distance of the crown point (C) from the cone centre (), parallel to
the axis of the gear. It 1s denoted by "H.".

13. Mounting height. It 15 the distance of the back of the boss from the cone centre. It 1s
denoted by "H,,"-

14. Pirch diameter. It is the diameter of the largest pitch circle.

15. Ontside or addendum cone diameter. It is the maximum diameter of the teeth of the gear.

It is equal to the diameter of the blank from which the gear can be cut. Mathematically, outside
diameter,

D,=D,+2acos8,
where D, = Piich circle diameter,
a = Addendum_and
B, = Pitch angle.

16. Inside or dedendum cone dinmeter. The inside or the dedendum cone diameter is given by
D,=Dy—2dcos 8,
where D, = Inside diameter, and



Proportions for Bevel Gear

The proportions for the bevel gears may be taken as follows :
1. Addendum, a =1 m

2. Dedendum,d=12m

3. Clearance = 0.2 m

4. Working depth =2 m

5.Thickness of tooth=1.5708 m

Strength of Bevel Gears
The strength of a bevel gear tooth 15 obtained in a similar way as discussed in the previous
articles. The modified form of the Lewis equation for the tangential tooth load 15 given as follows:

L-b
W.=(g,xClbmmy’ [T]
where a, = Allowable static stress,
C, = Velocity factor,

3
= e for teeth cut by form cutters,
+¥

6 =72 ;
= for teeth generated with precision machines,

6+v’

v = Peripheral speed inm [ 5,

b = Face width,

m = Module,

¥' = Tooth form factor {or Lewis factor) for the equivalent number of
teeth,

s
I

Slant height of pitch cone (or cone distance),

() (%)




Design of a Shaft for Bevel Gears
In designing a pinion shaft, the following procedure may be adopted :
1. First of all, find the torque acting on the pinion_ It is given by
. P =60 -
RN, e
where P = Power transmitted m watts, and
N, = Speed of the pmion intp.m.
2. Find the tangential force (W.) acting at the mean radms (R ) of the pinion. We kmow that
W,=T/R_
3. Now find the axial and radial forces (i.e. Wy, and W) acting on the pinmon shaft as
discussed above,
4. Find resultant bending moment on the pinion shaft as follows -
The bending moment due to W, and W,.1s given by
M, = W, % Overhang — W__ xR
and bending moment due to W_.,
M, = W, x Overhang

. Resultant bending moment,

M= (6) + )
5. Since the shaft 1s subjected to twisting moment (I ) and resultant bending moment (M),
therefore equivalent twisting moment,

=M +1?

6. Now the diameter of the pinion shaft may be obtained by using the torsion eguation. We
Inow that

n
L=~ eley
where d, = Diameter of the pinion shaft, and

r = Shear stress for the matenial of the pinion shaft.
7. The same procedure may be adopted to find the diameter of the gear shaft.






Worm Gears

The worm gears are widely used for transmitting power at high velocity ratios between non-
intersecting shafts that are generally, but not necessarily, at right angles. It can give velocity
ratios as high as 300 : 1 or more in a single step in a minimum of space, but it has a lower
efficiency. The worm gearing is mostly used as a speed reducer, which consists of worm and a
worm wheel or gear. The worm (which is the driving member) is usually of a cylindrical form
having threads of the same shape as that of an involute rack. The threads of the worm may be left
handed or right handed and single or multiple threads. The worm wheel or gear (which is the
driven member) is similar to a helical gear with a face curved to conform to the shape of the
worm.

Types of Worms

The following are the two types of worms :
1. Cylindrical or straight worm, and
2. Cone or double enveloping worm.
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() Cylindrical or straight worm. () Cone or double enveloping worm,

The cylindrical or straight worm, as shown in Fig.(a), is most commonly used. The shape of the thread is involute
helicoid of pressure angle 14 4° for single and double threaded worms and 20° for triple and quadruple threaded
worms. The worm threads are cut by a straight sided milling cutter having its diameter not less than the outside
diameter of worm or greater than 1.25 times the outside diameter of worm. The cone or double enveloping worm, as
shown in Fig. (b), is used to some extent, but it requires extremely accurate alignment

Terms used in Worm Gearing
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1. Axial pitch. It 15 also known as linear pitch of a worm. It 1s the distance measured axially
(i.e. parallel to the axis of worm) from a point on one thread to the corresponding point on the
adjacent thread on the worm, as shown in Fig. 31.3. It may be noted that the axial pitch (p ) of a worm
15 equal to the circular pitch ( p_) of the mating worm gear, when the shafts are at night angles.

1. Lead, It 1s the linear distance through which a point on a thread moves ahead in one
revolution of the worm. For single start threads, lead is equal to the axial pitch, but for multiple start
threads, lead is equal to the product of axial pitch and number of starts. Mathematically,

Lead, l=p_ .n
where p, = Axial pitch ; and n = Number of starts.
3. Lead angle. It 15 the angle between the tangent to the thread helix on the pitch cylinder and
the plane normal to the axis of the worm. It 15 denoted by A

A little consideration will show that if one complete e
tum of a worm thread be imagined to be unwound from f"—'ﬂ-# L "-1 I=p,n
the body of the worm. 1t will form an inclined plane whose @ _—T3,
base 1s equal to the pitch circumference of the worm and [ Dy >

Strength of Worm Gear Teeth

In finding the tooth size and strength_ it 1s safe to assume that the teeth of worm gear are always
weaker than the threads of the worm. In worm gearing, two or more teeth are usually in contact, but
due to uncertainty of load distribution among themselves it is assumed that the load 1s transmitted by
one tooth only. We know that according to Lewis equation,

W.=(o,.C)bam.y
where W = Permissible tangential tooth load or beam strength of gear tooth,
G, = Allowable static stress,
€, = Velocity factor,
b = Facewidth,
m = Medule, and
1 = Tooth form factor or Lewtis factor

Wear Tooth Load for Worm Gear
The limiting or maximum load for wear (WW) is given by
Ww=DG.b.K



Design of Worm Gearing T P

In designing a worm and worm gear, the quantities ) ' \\\M_ Worm gear
like the power transmitted, speed, velocity Dy l.’r f"J“‘ 1
ratio and the centre distance between the shafts are i N i & - e V& T
usually given and the quantities such as lead \ T
angle, lead and number of threads on the worm are i M : A 1
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The centre distance may be expressed m terms of the axial lead (), lead angle () and velocity
ratio (FR.), as follows :

I :
e ﬁ{cot}.+l'rﬂ_}

In terms of normal lead (I, =/ cos A), the above expression may be written as -

i[ 1 +Vﬂ.]
IT=2xglsind cosh

i__l{ 1, m.]
o he 2m\sind cosh ~(0)

Since the velocity ratio (V.R.) is usually given, therefore
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Chapter 2
BEARINGS



BEARINGS

A bearing is a machine element which support another moving machine element (known as
journal). It permits a relative motion between the contact surfaces of the members, while
carrying the load

Classification of Bearing

Depending upon the direction of load to be supported

In radial bearings, the load acts perpendicular to the direction of motion of the moving element
as shown in Fig (a) and (b).

In thrust bearings, the load acts along the axis of rotation as shown in Fig (¢).
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(e) Radial bearing. {5 Radial bearing. {c) Thrust bearing.

Depending upon the nature of contact. The bearings under this group are classified as :

(a) Sliding contact bearings, and (b) Rolling contact bearings.
In sliding contact bearings, as shown in Fig. (a), the sliding takes place along the surfaces of
contact between the moving element and the fixed element. The sliding contact bearings are also
known as plain bearings
In rolling contact bearings, as shown in Fig. (), the steel balls or rollers, are interposed between
the moving and fixed elements. The balls offer rolling friction at two points for each ball or roller

F11=E:| element Fixed element Balls or rollers
22

o P

//jf | %;V (%

2,

o
*\k\\%

&z //
: Moving element W Moving element
(a) Sliding contact bearing. (#) Rolling contact bearings.

Types of Sliding Contact Bearings
The sliding contact bearings in which the sliding action is guided in a straight line and carrying
radial loads,



Bearmg
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{a) Full journal bearing. {B) Partial journal bearing. i} Fitted journal bearing.

The sliding contact bearings in which the sliding action is along the circumference of a circle or
an arc of a circle and carrying radial loads are known as journal or sleeve bearings. When the
angle of contact of the bearing with the journal is 360° as shown in Fig.(a), then the bearing is
called a full journal bearing. This type of bearing is commonly used in industrial machinery to
accommodate bearing loads in any radial direction.

When the angle of contact of the bearing with the journal is 120°, as shown in Fig. (), then the
bearing is said to be partial journal bearing. This type of bearing has less friction than ful
journal bearing, but it can be used only where the load is always in one direction. The most
common application of the partial journal bearings is found in rail road car axles. The full and
partial journal bearings may be called as clearance bearings because the diameter of the journal
is less than that of bearing.

When a partial journal bearing has no clearance i.e. the diameters of the journal and bearing are
equal, then the bearing is called a fitted bearing, as shown in Fig. (c)

The sliding contact bearings, according to the thickness of layer of the lubricant between the
bearing and the journal, may also be classified as follows :

1. Thick film bearings. The thick film bearings are those in which the working surfaces are
completely separated from each other by the lubricant. Such type of bearings are also called as
hydrodynamic lubricated bearings.

2. Thin film bearings. The thin film bearings are those in which, although lubricant is present,
the working surfaces partially contact each other atleast part of the time. Such type of bearings
are also called boundary lubricated bearings.

3. Zero film bearings. The zero film bearings are those which operate without any lubricant
present.

4. Hydrostatic or externally pressurized lubricated bearings. The hydrostatic bearings are those
which can support steady loads without any relative motion between the journal and the bearing.
This is achieved by forcing externally pressurized lubricant between the members
Hydrodynamic Lubricated Bearings

Hydrodynamic lubricated bearings, there is a thick film of lubricant between the journal and the
bearing. A little consideration will show that when the bearing is supplied with sufficient
lubricant, a pressure is build up in the clearance space when the journal is rotating about an axis
that is eccentric with the bearing axis. The load can be supported by this fluid pressure without
any actual contact between the journal and bearing. The load carrying ability of a hydrodynamic
bearing arises simply because a viscous fluid resists being pushed around. Under the proper
conditions, this resistance to motion will develop a pressure distribution in the lubricant film that



can support a useful load. The load supporting pressure in hydrodynamic bearings arises from
either

1. the flow of a viscous fluid in a converging channel (known as wedge film lubrication),

2. the resistance of a viscous fluid to being squeezed out from between approaching

surfaces(known as squeeze film lubrication).

Assumptions in Hydrodynamic Lubricated Bearings
The following are the basic assumptions used in the theory of hydrodynamic lubricated
bearings:
1. The lubricant obeys Newton's law of viscous flow.
2. The pressure is assumed to be constant throughout the film thickness.
3. The lubricant is assumed to be incompressible.
4. The viscosity is assumed to be constant throughout the film.
5. The flow is one dimensional, i.e. the side leakage is neglected.
Wedge Film Journal Bearings
The load carrying ability of a wedge-film journal bearing results when the journal and/or the
bearing rotates relative to the load. The most common case is that of a steady load, a fixed
(nonrotating) bearing and a rotating journal. Fig. (a) shows a journal at rest with metal to metal
contact at 4 on the line of action of the supported load. When the journal rotates slowly in the
anticlockwise direction, as shown in Fig. (), the point of contact will move to B, so that the
angle AOB is the angle of sliding friction of the surfaces in contact at B.
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When the speed of the journal is increased, a continuous fluid film is established as in Fig.(c).
The centre of the journal has moved so that the minimum film thickness is at C. It may be noted
that from D to C in the direction of motion, the film is continually narrowing and hence is a
converging film.

Squeeze Film Journal Bearing

We have seen in the previous article that in a wedge film journal bearing, the bearing carries a
steady load and the journal rotates relative to the bearing. But in certain cases, the bearings
oscillate or rotate so slowly that the wedge film cannot provide a satisfactory film thickness. If
the load is uniform or varying in magnitude while acting in a constant direction, this becomes a
thin film or possibly a zero film problem. But if the load reverses its direction, the squeeze film
may develop sufficient capacity to carry the dynamic loads without contact between the journal
and the bearing. Such bearings are known as squeeze film journal bearing.

Modes of Lubrications



The lubricants are used in bearings to reduce friction between the rubbing surfaces and to carry
away the heat generated by friction. It also protects the bearing against corrosion. All lubricants
are classified into the following three groups
1. Liquid, 2. Semi-liquid, and 3. Solid.
The liquid lubricants usually used in bearings are mineral oils and synthetic oils. The mineral
oils are most commonly used because of their cheapness and stability. The liquid lubricants are
usually preferred where they may be retained. A grease is a semi-liquid lubricant having higher
viscosity than oils. The greases are employed where slow speed and heavy pressure exist and
where oil drip from the bearing is undesirable. The solid lubricants are useful in reducing
friction where oil films cannot be maintained because of pressures or temperatures. They should
be softer than materials being lubricated. A graphite is the most common of the solid lubricants
either alone or mixed with oil or grease
Properties of Lubricants
1. Viscosity. It is the measure of degree of fluidity of a liquid. It is a physical property by
virtue of which an oil is able to form, retain and offer resistance to shearing a buffer film-
under heat and pressure.

According to Newton's law of viscous flow, the magnitude of this shear stress varies directly
with the velocity gradient (dF / dy). It is assumed that

(@) the lubricani completely fills the space between the two surfaces,
(&) the velocity of the lubricant at each surface 15 same as that of the surface, and
(c) any flow of the lubricant perpendicular to the velocity of the plate 15 negligible.

P 4V dav
r=—= o T=Z x—0
4 av dv
where Z 15 a constant of proportionality and 1s known as abselute viscosity (or simply viscosity) of the

lubricant.
2. Oiliness. It is a joint property of the lubricant and the bearing surfaces in contact. It is a

measure of the lubricating qualities under boundary conditions where base metal to metal
is prevented only by absorbed film. There is no absolute measure of oiliness

3. Viscosity index. The term viscosity index is used to denote the degree of variation of
viscosity
with temperature.

4. Flash point. 1t is the lowest temperature at which an oil gives off sufficient vapour to
support a momentary flash without actually setting fire to the oil when a flame is brought
within 6 mm at the surface of the oil.

5. Fire point. It is the temperature at which an oil gives off sufficient vapour to burn it
continuously when ignited.

6. Pour point or freezing point. It is the temperature at which an oil will cease to flow when
cooled.

7. Density. This property has no relation to lubricating value but is useful in changing the
kinematic viscosity to absolute viscosity. Mathematically
Absolute viscosity = p x Kinematic viscosity (in m*/s)
where p = Density of the lubricating oil.



Reynolds Equation

A theoretical analysis of hydrodynamic lubrication was carried out by Osborne Reynolds. The

equations resulted from the analysis has served a basis for designing hydrodynamically

lubricated bearings. The following assumptions were made by Reynolds in the analysis

Bearing Characteristic Number and Bearing Modulus for Journal Bearings

The coeffi